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Foreword

The publication of this Volume marks the first time that the ASVI Handbook has dealt with friction, lubrication, and wear
technology as a separate subject. However, the tribological behavior of materials and components has been of
fundamental importance to ASM members throughout the history of the Society. ASM International traces its origins
back to 1913 with the formation of the Steel Treaters Club in Detroit. This group joined with the American Steel Treaters
Society to form the American Society for Steel Treating in 1920. In the early history of the Society as an organization
devoted primarily to heat treating, one of the key interests of its membership was improving the wear properties of steel.

In 1933 the organization changed its name to the American Society for Metals, completing its transformation to an
organization that served the interests of the entire metals industry. This change led the Society into many other areas--
such as metalworking, surface finishing, and failure analysis--where friction, lubrication, and wear are key concerns. In
1987 the technical scope of the Society was further broadened to include the processing, properties, and applications of all
engineering/structural materials, and thus ASM International was born. This Handbook reflects the wide focus of the
Society by addressing the tribological behavior of abroad range of materials.

The comprehensive coverage provided by this Volume could not have been achieved without the planning and
coordination of Volume Chairman Peter J. Blau. He has been tireless in his efforts to make this Handbook the most useful
tool possible. Thanks are also due to the Section Chairmen, to the members of the ASM Handbook Committee, and to the
ASM editoria staff. We are especially grateful to the over 250 authors and reviewers who so generously donated their
time and expertise to make this Handbook an outstanding source of information.

William P. Koster

President

ASM International
Edward L. Langer

Managing Director
ASM International

Preface

Friction, lubrication, and wear (FL& W) technology impacts many aspects of daily life, from the wear of one's teeth to the
design of intricate, high-speed bearings for the space shuttle. Nearly everyone encounters a FL&W problem from time to
time. Sometimes the solution to the problem is simple and obvious--disassembling, cleaning, and relubricating a door



hinge, for example. Sometimes, however, the problem itself is difficult to define, the contact conditions in the system
difficult to characterize, and the solution elusive. Approaches to problem-solving in the multidisciplinary field of
tribology (that is, the science and technology of FL&W) often present a wide range of options and can include such
diverse fields as mechanical design, lubrication, contact mechanics, fluid dynamics, surface chemistry, solid-state physics,
and materials science and engineering. Practical experienceis avery important resource for solving many types of FL&W
problems, often replacing the application of rigorous tribology theory or engineering equations. Selecting "the right tool
for the right job" was an inherent principle in planning the contents of this VVolume.

It is unrealistic to expect that specific answers to all conceivable FL&W problems will be found herein. Rather, this
Handbook has been designed as a resource for basic concepts, methods of laboratory testing and analysis, materials
selection, and field diagnosis of tribology problems. As VVolume Chairman, | asked the Handbook contributors to keep in
mind the question: "What information would | like to have on my desk to help me with friction, lubrication, or wear
problems?' More than 100 specialized experts have risen to this challenge, and a wealth of useful information resides in
this book.

The sections on solid friction, lubricants and lubrication, and wear and surface damage contain basic, tutorial information
that helps introduce the materials-oriented professional to established concepts in tribology. The Handbook is also
intended for use by individuals with a background in mechanics or lubricant chemistry and little knowledge of materials.
For example, some readers may not be familiar with the measurement and units of viscosity or the regimes of lubrication,
and others may not know the difference between brass and bronze. The "Glossary of Terms' helps to clarify the use of
terminology and jargon in this multidisciplinary area. The discerning reader will find the language of FL&W technology
to be somewhat imprecise; consequently, careful attention to context is advised when reading the different articles in the
Volume.

The articles devoted to various laboratory techniques for conducting FL& W analyses offers a choice of tools to the reader
for measuring wear accurately, using these measurements to compute wear rates, understanding and interpreting the
results of surface imaging techniques, and designing experiments such that the important test variables have been isolated
and controlled. Because many tribosystems contain a host of thermal, mechanical, materials, and chemical influences,
structured approaches to analyzing complex tribosystems have also been provided.

The articles devoted to specific friction- or wear-critical components are intended to exemplify design and materias
selection strategies. A number of typical tribological components or classes of components are described, but it was
obviously impossible to include all the types of moving mechanical assemblies that may experience FL&W problems.
Enough diversity is provided, however, to give the reader a solid basis for attacking other types of problems. The earlier
sections dealing with the basic principles of FL& W science and technology should also be useful in this regard.

Later sections of the Handbook address specific types of materials and how they react in friction and wear situations.
Irons, aloy steels, babbitts, and copper aloys (brasses and bronzes) probably account for the major tonnage of
tribological materials in use today, but there are technologically important situations where these workhorse materials
may not be appropriate. Readers with tribomaterials problems may find the sections on other materials choices, such as
carbon-graphites, ceramics, polymers, and intermetallic compounds, helpful in providing aternate materials-based
solutions. In addition, the section on surface treatments and modifications should be valuable for attacking specialized
friction and wear problems. Again, the point isto find the right material for the right job.

This Volume marks the first time that ASM International has compiled a handbook of FL& W technology. The tribology
research and development community is quite small compared with other disciplines, and the experts who agreed to
author articles for this Volume are extremely busy people. | am delighted that such an outstanding group of authorsrallied
to the cause, one that ASM and the entire tribology community can take pride in. | wish to thank all the contributors
heartily for their much-appreciated dedication to this complex and important project in applied materials technology.

Peter J. Blau, Volume Chairman

Metals and Ceramics Division
Oak Ridge National Laboratory
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Introduction to Friction

Jorn Larsen-Basse, National Science Foundation

FRICTION is the resistance to movement of one body over body. The word comes to us from the Latin verb fricare,
which meansto rub. The bodies in question may be a gas and a solid (aerodynamic friction), or aliquid and a solid (liquid
friction); or the friction may be due to internal energy dissipation processes within one body (interna friction). In this
article, the discussion will be limited to the effects of solid friction.

Two of the most significant inventions of early man are friction-related: He learned to use frictional heating to start his
cooking fires, and he discovered that rolling friction is much less than diding friction (that is, it is easier to move heavy
objectsif are on rollers than it is to drag them along). This second discovery would eventually lead to the invention of the
whesl.

Friction plays an important role in a significant number of our daily activities and in most industrial processes. It aidsin
starting the motion of a body, changing its direction, and subsequently stopping it. Without friction, we could not readily
move about, grip objects, light a match, or perform a multitude of other common daily tasks. Without friction, most
threaded joints would not hold, rolling mills could not operate, and friction welding would obviously not exist. Without
friction, we would hear neither the song of the violin nor the squeal of the brake.

In moving machinery, friction is responsible for dissipation and loss of much energy. It has been estimated, for example,
that 10% of oil consumption in the United States is used simply to overcome friction. The energy lost to friction is an
energy input that must continually be provided in order to maintain the sliding motion. This energy is dissipated in the
system, primarily as heat--which may have to be removed by cooling to avoid damage and may limit the conditions under
which the machinery can be operated. Some of the energy is dissipated in various deformation processes, which result in
wear of the diding surfaces and their eventual degradation to the point where replacement of whole components becomes
necessary. Wear of diding surfaces adds another, very large component to the economic importance of friction, because
without sliding friction these surfaces would not wear.

The fundamental experimental laws that govern friction of solid bodies are quite ssmple. They are usually named for
Coulomb, who formulated them in 1875 (much of his work was built on earlier work by Leonardo da Vinci and
Amontons). The laws can be stated in very general terms:

Static friction my be greater than kinetic (or dynamic) friction
Friction isindependent of siding velocity

Friction force is proportional to applied load

Friction force isindependent of contact area

It must be emphasized that these "laws" are very general in nature and that, while they are applicable in many instances,
there are also humerous conditions under which they break down.

Friction is commonly represented by the friction coefficient, for which the symbols #or f generally are used. The friction
coefficient isthe ratio between the friction force, F, and the load, N:

(Eq 1)

g =
Il
= |

The friction coefficient typicaly ranges from 0.03 for a very well lubricated bearing, to 0.5 to 0.7 for dry diding, and
even =5 for clean metal surfacesin avacuum. A H-value of 0.2 to 0.3 allows for comfortable walking; however, walking
oniceisvery difficult because the #-value for the ice/shoe pair may be <0.05, and a slippery floor may have a #-value of
0.15. Nature has provided highly efficient lubrication to another component of walking, the knee joint, which has a /-



value of 0.02. A. representative list of typical friction coefficients is given in the article "Appendix: Static and Kinetic
Friction Coefficients for Selected Materials' in this Volume.

A body of weight W on aflat surface will begin to move when the surface istilted to a certain angle (the friction angle, f?)
(Fig. 1). The static friction coefficient is given by

I =tan ! (Eq 2)

This represents a simple way to measure H, but force measurements are some generally used to measure both the static
and the dynamic, or kinetic, coefficients of friction. The results obtained from these measurements do, however, depend
on the nature and cleanliness of the surfaces and also to some extent on the various characteristics of the measuring
system. This dependence underscores the basic fact that the friction coefficient is not a unique, clearly defined materials
property, as may become evident from the following brief discussion of the basic mechanisms of friction

tand = FIN = g

in) 1}

Fig. 1 Inclined plane used to determine coefficient of static friction, .. (a) Tilting flat surface through smallest
angle, f.}, needed to initiate movement of the body down the plane. (b) Relation of the friction angle to the
principal applied forces

Surfaces are not completely flat at the microscopic level. At high magnification, even the best polished surface will show
ridges and valleys, asperities, and depressions. When two surfaces are brought together, they touch intimately only at the
tips of a few asperities. At these points, the contact pressure may be close to the hardness of the softer material; plastic
deformation takes place on a very local scale, and cold welding may form strongly bonded junctions between the two
materials. When dliding begins, these junctions have to be broken by the friction force, and this provides the adhesive
component of the friction. Some asperities may plow across the surface of the mating material, and the resulting plastic
deformation or elastic hysteresis contribute to the friction force; additional contributions may be due to wear by debris
particles that become trapped between the sliding surfaces.

Because so many mechanisms are involved in generating the friction force, it is clear that friction is not a unique materials
property, but instead depends to some extent on the measuring conditions, on the surface roughness, on the presence or
absence of oxides or adsorbed films, and so on. In spite of this complexity, the values of Fobtained by different methods
and by different laboratories tend to fall into ranges that are representative of the material pair in question under
reasonably similar conditions. That is, values obtained by different laboratories tend to fall within ~20 to 30% of each
other if the testing conditions are generally similar. It is important, however, to understand that the values of Hlisted in
this Handbook are intended only to provide rough guidelines and that more exact values, if needed, must be obtained from
direct measurements on the system in question under its typical operating conditions. Detailed information on friction
measurement techniquesis available in the article "Laboratory Testing Methods for Solid Friction” in this Volume.



The deformation at asperities and junctions is extremely localized, and very high temperatures may therefore be generated
over very short periods of time. At these local hod spots, rapid oxidation, plastic flow, or interdiffusion can take place,
and these all affect the wear process. In some cases, sparks may even form. The temperatures obtained depend on how
fast heat is generated (that is, on the operating conditions of load and velocity) and on how fast heat is removed (that is,
on the thermal properties of the diding surfaces). These temperatures can be calculated with some degree of certainty, as
shown in the article "Frictional Heating Calculations" in this Volume.

Friction oscillations may develop when the static coefficient of friction is greater than the kinetic, as is the case for many
unlubricated systems. The resulting motion is often called "stick-dlip." The two surfaces stick together until the elastic
energy of the system has built up to the point where a sudden forward dip takes place. The resulting oscillations may
produce equipment vibrations, surface damage, and noise.

Some of the areas of current technological interest and research related to friction include:

Friction Measurement: More accurate ways to measure /and to predict its value for given conditions
without having to test the actual system

Friction Sensing: Use of the various signals that are generated by friction for real-time feedback control
of robots, manufacturing processes, lubrication systems, and so on

Materials: Materials and coatings with low friction for operation at €levated temperatures where normal
lubricants break down; and materials and coatings with constant, predictable, and sustainable values of

I
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Basic Theory of Solid Friction

Jorn Larsen-Basse, National Science Foundation

Introduction

UNIVERSAL AGREEMENT as to what truly causes friction does not exist. It is clear, however, that friction is due to a
number of mechanisms that probably act together but that may appear in different proportions under different
circumstances. The recent introduction of sensitive and powerful techniques for measuring and modelling surfaces and
even manipulating indicating surface atoms is creating a wealth of new information and is elucidating many previously
unknown aspects of friction. Much still remains to be done, however, before a complete picture can emerge. In the
meantime, this brief review of the various processes involved, as currently understood, is presented to familiarize the
reader with the basic concept of friction and with the general approaches that can be used to control or minimize it.

The word "friction" is used to describe the gradual loss of kinetic energy in many situations where bodies or substances
move relative to one another. For example, "internal friction" dampens vibrations of solids, "viscous friction™ slows the
internal motion of liquids, "skin friction" acts between a moving airplane and the surrounding air, and "solid friction" is



the friction between two solid bodies that move relative to one another. We are concerned here only with solid friction,
which can be defined as "the resistance to movement of one solid body over another." The movement may be by diding
or by rolling; the terms used are "dliding friction" and "rolling fiction," respectively. Most of the discussion that follows
deals with dliding friction.

The need to control friction is the driving force behind its study. In many cases low friction is desired (bearings, gears,
materials processing operations), and sometimes high friction is the goal (brakes, clutches, screw threads, road surfaces).
In al of these cases, constant, reproducible, and predictable friction values are necessary for the design of components
and machines that will function efficiently and reliably.

It is useful to clearly separate the various terms and concepts associated with friction, such as "friction force," "friction
coefficient," "frictional energy," and "frictional heating." These terms are defined below and in the "Glossary of Terms'
in this Volume.

The friction force is the tangential force that must be overcome in order for one solid contacting body to slide over
another. It actsin the plane of the surfaces and is usually proportional to the force normal to the surfaces, N, or:

F=HN (Eq D)

The proportionality constantsis generally designated Hor f and is termed the friction coefficient.

In most cases, a greater force is needed to set a resting body in motion than to sustain the motion; in other words, the
static coefficient of friction, #, is usually somewhat greater than the dynamic or kinetic coefficient of friction, .

A body on aflat surface will begin to move due to gravity if the surface israised to the friction angle, f), where:
1= tan (Eq 2)

See Fig. 1 in the article "Introduction to Friction” in this VVolume.

To overcome friction, the tangential force must be applied over the entire diding distance; the product of the two is
friction work. The resulting energy is lost to heat in the in the form of frictional heating and to other general increasesin
the entropy of the system, as represented, for example, in the permanent deformation of the surface material. Thus,
friction is clearly a process of energy dissipation.

Nature of Surfaces

Friction is caused by forces between the two contacting bodies, acting in their interface. These forces are determined by
two factors besides the load; the properties of the contacting material and the area of contact. The friction forces are
usually not directly predictable because both of these factors depend very much on the particular conditions. For example,
the properties may be significantly different than expected from bulk values because the surface material is deformed,
contains segregations, is covered by an oxide layer, and so on. Also, the real area of contact is usually much smaller than
the apparent area of the bodies because real surfaces are not smooth on an atomic scale. Because of this close dependence
of friction on the surface topography and on the properties of the surfaces and the near-surface layers, a brief discussion
will be presented of the relevant characteristics.

Tabor (Ref 1) quotes W. Pauli: "God made solids, but surfaces were made by the Devil." Indeed, surfaces are extremely
complicated because of their topography and chemical reactivity and because of their composition and microstructure,
which may be very different from those of the bulk solid. Surface properties, composition, and microstructure may be
very difficult to determine accurately, creating further complications.

Topography
The geometric shape of any surface is determined by the finishing process used to produce it. There will be undulations of

wavelengths that range from atomic dimensions to the length of the component. These often result from the dynamics of
the particular finishing process or machine used. There may be additional peaks and valleys caused by local microevents,



such as uneven deformation of hard microstructural constituents, local fracture, or corrosive pitting. Even after a surface
has been carefully polished, it will still be rough on an atomic scale. It is useful to distinguish among macrodeviations,
waviness, roughness, and microroughness (Ref 2) relative to an ideal flat surface (Fig. 1).

Microroughness

Roughnass

A ayiness Macrodewvialions ldosl surlace

Fig. 1 Schematic showing selected types of surface deviations relative to an ideal solid surface

Macrodeviations are errors from--irregular surface departures from the design profile, often caused by lack of accuracy
or stiffness of the machine system.

Waviness is periodic deviations from geometric surface, often sinusoidal in form and often determined by low-level
oscillations of the machine-tool-workpiece system during machining (Ref 2). Typically, wavelengths range from 1 to 10
mm (0.04 to 0.4 in.) and wave heights from afew to several hundred micrometers (Ref 2).

Roughness is the deviations from the wavy surface itself, caused by geometry of the cutting tool and its wear,
machining conditions, microstructure of the workpiece, vibrations in the system, and so on. Surface roughness changes as
a surface goes through the wearing-in process, but may then stabilize.

Microroughness is finer roughness super-imposed on the surface roughness. It may extend down to the near-atomic
scale and may be caused by internal imperfections in the material, nonuniform deformation of individual grains at the
surface, or corrosion and oxidation processes that occur while the surface is being generated or during its exposure to the
environment.

The peaks of surface roughness are called asperities. They are of primary concern in dliding friction and wear of
materials, because these processes usually involve contacts between asperities on opposing surfaces or between asperities
on one surface and asperity-free regions on the counterface. (The latter case may be unredlistic, but is often useful for
modeling purposes.) Microroughness may affect the forces between surfaces, but has relatively little influence on surface
deformation.

Roughness Measurement. A typical surface may have more than 10° peaks (Ref 3). Thus, it is generally not feasible
to measure the height, shape, and location of every single peak on two matching surfaces in order to determine details of
the contact. Instead, a simple profilometer trace is often used to measure and represent surface roughness. The stylus of
the profilometer is a fine diamond with a fairly sharp tip, 2 #m or less in radius. It is drawn over the surface, and its
verticak movement is amplified and recorded. The horizontal magnification is typically 100x, while the vertical
magnification may vary from 500 to 100,000x (Ref 3), depending on the necessary resolution.



Because the stylus tip has a finite sharpness, it cannot shows very fine detail and tends to distort some shapes. For
example, valley in the surface are shown narrower than they actually are and peaks are shown broader. Also, because only
afairly small portion of the surface can realistically be measured, the profilometer data are not absolute values and should
be used only as relative data for comparison purposes. They are best used to compare surfaces produced by the same
process--for example, by coarse and fine turning or by coarse and fine grinding.

Traditionally, the analog output of the profilometer is analyzed in terms of the deviation of the profile from the centerline.
Two dlightly different measures have been used. The roughness average, R, is the mean vertical deviation from the
centerline and is the value most often used in Europe. The root mean square value, RMS, is the value most commonly
used in the United States. It is calculated as the square root of the mean of the squares of the deviations and represents the
standard deviation of the height distribution. Typical values for both roughness measures are 1.4 #m (55 #in.) for fine
turned surface, 1.0 #m (39.4 Hin.) for a ground surface, and 0.2 #m (7.9 in.) for a polished surface (Ref 3). A table of
typical valuesisgivenin Ref 2.

Other parameters used to measure roughness include skewness, Ry; height, R,; and bearing ratio curve.

Modern digitized instrumentation allows more detailed evaluation of the profilometer traces. It is now possible to scan a
surface area by repeated but offset traces and to statistically evaluate the data for height distribution, asperity shape, and
angle. Full use of the information available from modern instrumentation is still quite rare. The use of fractals to describe
surface roughness has had limited success (Ref 4, 5), but much work remains to be done before it is clear whether this
technique is more useful than traditional techniques. Additional information is available in the article "Wear
Measurement” in this Volume.

Asperity Distribution Model. In contact situations, only the outer 10% of the asperities may be involved. Their height
distribution can often be quite closely represented by the tail end of a Gaussian distribution (Ref 3). This distribution was
used by Greenwood and Williamson (Ref 6) to derive an expression for elastic contact stresses. They also assumed that
all of the asperities had the same tip radius. The Greenwood-Williamson (GW) model of surface roughness is commonly
used to analyze contact mechanics of rough surfaces. It is probable, however, that the nature of the asperity height and
shape distribution will change significantly once the surfaces begin to move against each other (Ref 7).

Composition

A surface is usually not completely clean, even in a high vacuum. Some of the events that can take place at surfaces are
segregation, reconstruction, chemisorption, and compound formation (Fig. 2), as discussed in detail by Buckley (Ref 8).
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Fig. 2 Effect of composition on surface roughness defects. (a) Segregation. (b) Reconstruction. (c)
Chemisorption. (d) Compound formation. Source: Ref 8

Segregation of alloy species to grain boundaries is a well-known phenomenon that may profoundly affect mechanical
properties (Fig. 2d). Segregation to the surface may also take place. This generally occurs for small, mobile aloy or
impurity atoms, such as interstitial carbon and nitrogen in iron, during processing or heat treatment. In some cases, the
segregation of as little as 1 at.% of alloy element to the surface can completely dominate adhesion between contact
surfaces (Ref 8). Significant changes in friction properties have been observed for ferrous surfaces with segregation of
carbon, sulfur, aluminum, and boron, and for copper surfaces with segregation of aluminum, indium, and in (Ref 8). The
nature of the changes friction due to surfaces segregation depends on the nature of the changes that the specific
segregation in question causes in surface mechanical properties, adhesion, oxide film formation, and so on. For example,
if certain metallic glasses containing boron are tested at increasing temperature, Hincreases first with temperature, from



about 1.0-1.5 at room temperature to 1.8-2.5 at 350 °C (660 °F). Above 500 °C (930 °F), #drops drastically (to about
0.25), a change that has been associated with the formation of boron nitride on the surface (Ref 8).

Reconstruction takes place when the outermost layers of atoms undergo a change in crystal structure (Fig. 2b).
Examples include evaporation of silicon from a SiC surface upon heating, leaving behind a layer of carbon (Ref 8), and
conversion of diamond surface layers to graphite or carbon during rubbing (Ref 9). Reconstruction may result in
substantial changes in friction coefficient, but the fact that reconstruction has taken place may be evident only after
careful characterization of the surface layers.

Chemisorption readily occurs on clean surfaces (Fig. 2c¢). Adsorbed species include water molecules from atmospheric
moisture and carbon and carbon compounds also derived from the atmosphere or from lubricants used during operation or
manufacture. The adsorbed species may also be components of various salts originating from the environment of from
human handling of the component. The amount of adsorbed species, the degree of surface coverage, and the nature of the
adsorbed molecule can substantially affect the adhesion between two surfaces, thereby directly or indirectly influencing
friction behavior. For example, when a monolayer of ethane is introduced on a clean iron surface, the adhesive force
drops from a value of greater than 400 dynes to 280 dynes (Ref 8). If the monolayer is acetylene, and force drops to 80
dynes. For a vinyl chloride monolayer, the force drops to 30 dynes--that is, to only 7 to 8% of the value for the clean
surface.

Chemical compound formation may take place when surface comes into contact with a different solid, a gas, or a
chemisorbed species. Without any tribological contacts, a surface will readily acquire alayer of oxide or hydroxide due to
reactions with ambient moisture and oxygen. When two surfaces rub against each other, they may adhere at local spots
that can reach elevated temperatures by frictional heating; interdiffusion may then take place, resulting in local compound
formation in the surface layers (Fig. 2d). This can strongly affect friction. It is well known, for example, that friction
between two metals that can form alloy solutions or aloy compounds with each other generally is greater than if the two
are mutually insoluble. This fact has been used by Rabinowicz (Ref 10) to develop a generalized "map" showing which
metals can safely slide against one another and which metal couples should be avoided (Fig. 3).



W Mo Cr Co Ni Fe Nb P & Ti Cu Auw &g A1 In

-

Po

0o

an

Cd

00000

O elee

OlO|0|0|I0|0|O

Q0010010100

OO0V e

O00000* OO®

O[00|OO|0/00* OO

4 10[0I0I0I®I0] 0|00

O0|0[0] € 004

0000 O0e00000e

Mb

olelle]lse]le]e]l lelell vl Ji

Fa

i
g
{
&

©

No Bguid solubility; sobd solubdity < 0,1%
Hi

QOO0 eOC0H |41 1©e0

Sobd sobubility =0,1%, but Emied liguid solubsility

o)(e]le]le]lelldl[e] Je] Jele

Co

@) Full liguid sohubiity and solid solubility between 0.1 and 1%

Ol0I0|I0[00I0I0 8O OO

Cr

High sdhesion {:J Full liguid solubiliy snd sobd solubdity = 1%

X
OlO|0|0|0|0I0|O|0|00|e0O

Fig. 3 Compatibility chart developed by Rabinowicz for selected metal combinations derived from binary
equilibrium diagrams. Chart indicates the degree of expected adhesion (and thus friction) between the various
metal combinations. Source: Ref 10

Surfaces rubbing against each other in the presence of organic compounds may catalyze the formation of polymeric
layers, so-called tribopolymers, which may form more or |ess coherent layers on the surface. These can also affect friction
behavior.

Mechanical compound formation is caused by the mechanical allowing of metallic wear particles and surface debris
to form solid layers or segments of layers. A layer that forms preferentially on one of the sliding surfacesis often called a
transfer layer (Ref 11). The wear particles involved in transfer layer formation are extremely small--of the size of
dislocation cells in the heavily deformed surface layers of worm surfaces. These particles are pressed together with one
another and with any other small particles present (oxides, oil-additive soaps, and so on) by the very localized, and
therefore large, mechanical stresses that act on those asperities in contact with one another. The result is a more or less
coherent, very thin transfer layer that may keep the surfaces from coming into direct contact with each other.

Transfer films also form when polymers or carbon rub against metal surfaces, but the formation mechanism may be
somewhat different from that for metal-metal couples. The film forms gradualy during the first 5 to 10 passes as
polymeric or carbon wear particles adhere to the metal surface. The friction usually fluctuates during this stage; when the
filmisfully developed, the friction takes on a steady and usually low value.



Subsurface Microstructure

The layers immediately below the surface often have a microstructure that is different from the bulk. This is true for
machined and ground surfaces, especially if the surface has been heavily worn. The surface layers of metals tend to
become heavily deformed during wear, typically to a dept of deformation of about 40 #m (1575 Hin.). Shear strains of
1100% and strain rates as high as 10%/s have been estimated for the outermost layer (Ref 11). Because much of the
deformation takes place in compression, otherwise brittle particles may be plastically deformed; for example, cementite
lamellae in pearlite may be bent 90° with little or no cracking. The surface layers develop a very heavy dislocation
concentration nd a subcell structure. The microstructural aspects of worn metallic surfaces have been reviewed in more
detail by Rigney (Ref 11). Figure 4 illustrates some of the surface and subsurface features discussed above, primarily for
metals.
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Fig. 4 Schematic showing typical surface and subsurface microstructures present in metals subject to friction
and wear. Microstructures are not drawn to scale.



Friction under Lubricated Conditions

The nature, topography, and composition of the surface layers may be important also under lubricated conditions. Many
sliding surfaces are lubricated to protect against war and to lower the friction. While most of the discussion here deals
with dry dliding friction, it isinstructive to briefly consider the transition between lubricated and dry conditions.

In a fully hydrodynamic situation, the lubricant film is sufficiently thick to keep the surfaces completely apart. The
friction is then due to viscous dissipation within the lubricant and has little or nothing to do with the nature of the
contacting materials. As the two surfaces are brought closer together, the asperities begin to come in contact and the zone
of so-called "boundary lubrication” is entered. The degree of separation between the two surfaces can be measured by the
ratio of the mean gap distance, h, to the composite roughness of the two opposing surfaces, . The composite roughness
is defined by:

2 2
F=/o| + o3

where 7, and ¢, represent the rms roughness of the two surfaces.

The h/cr ratio is often refereed to as the lambda (.“"L) ratio. Generaly, for surface whose height distributions are nearly
Gaussian, if Abecomes greater than 3 the conditions are full-film hydrodynamic conditions and asperity interactions are
rare. For /\less than 3, asperity rubbing takes place and friction increases as h/cr decreases. If Alis less than 1.5, surface
deformation may take place and boundary lubrication conditions prevail (Ref 12). In this region, and as the gap is
decreased further toward dry dliding, friction depends on what happens in a thin film of lubricant on the surfaces and at
asperity contacts. Ideally, the surfaces would be separated by a lubricant film at al times. The ideal film would be one
that has low shear strength between molecular layers parallel to the surface (and thus low friction), but which at the same
time has strong bonds with the solid and thus prevents the opposing solids from coming into intimate contact with one
another. The bonding is affected by the nature and composition of the surface layers; trace elements, such as sulfur in
steel, can have significant effects on the formation of these films. Similarly, it is expected that new additive molecules
will have to be developed as ceramic triboelements become more common, because the bonds formed with ceramic
surfaces are quite different from those between currently used additives and metallic surfaces.

Basic Mechanisms of Friction

The specific physical, chemical, or materials-related microscopic events that cause friction are called the basic
mechanisms of friction. A number of different mechanisms of this nature have been proposed over the past several
hundred years, and each has had its proponents among scientists and engineers. Interestingly, the situation has changed
relatively little, with some modifications, the same general basic mechanisms are still thought to be responsible for
friction, and there is dtill a certain degree of partisanship regarding each mechanism. However, the general consensus
seems to be that al the various mechanisms may be involved in the generation of friction but that dominant mechanism in
each case depends on the particular situation. For the purpose of this discussion, friction is considered a systems property.
It depends on the nature of the two surface, the materials, the environment, the application conditions, and certain
characteristics of the apparatus, such as vibrations and specimen clamping.

The microscopic mechanisms that are involved, to varying degrees, in generating friction are (1) adhesion, (2) mechanical
interactions of surface asperities, (3) plowing of one surface by asperities on the other, (4) deformation and/or fracture of
surface layers such as oxides, and (5) interference and local plastic deformation caused by third bodies, primarily
agglomerated wear particles, trapped between the moving surfaces (Fig. 5).
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Fig. 5 Mechanisms on microscopic level that generate friction. (a) Adhesion. (b) Plowing. (c) Deformation and
fracture of oxides. (d) Trapped wear particle

History

The history of the various attempts to scientifically explain friction has been described by Dowson (Ref 13) and by
Bowden and Tabor (Ref 14) and has been briefly summarized by Ludema (Ref 15). The formative years of friction theory
coincide with the general development of scientific thought during the 18th and 19th centuries. Basically, there were two
schools of thought: a French school, which emphasized mechanical (elastic) interaction of surface roughness or asperities,
and an English school, which emphasized "cohesion" or adhesion between the materials.

The French School began with a study published in 1699 by Amontons, who experimentally determined the two main
"laws" of friction, often called Amontons' laws:

Thefriction forceis proportional to the applied load



The friction force isindependent of the apparent area of contact

The same rel ationships had been observed by Leonardo da Vinci 200 years earlier. Leonardo's studies were basically done
before the world was ready for them, and this results were probably not known to the scientific world of Amontons' time.
Leonardo's notes and manuscripts were hidden away in private collections and were discovered and printed fairly
recently.

Amontons speculated that friction was caused by the interaction of surface roughness peaks. For hard surfaces, he
envisioned that the asperities would be forced to dlide up and down over one another; for more "elastic" materias, he
suggested that the dliding would push aside the surface irregularity peaks.

The Swiss mathematician and theologian Euler, who gave us the symbols g, i, and #for common use in mathematics,
elaborated on Amontons' theory from an analytical point of view. In 1750, while working in Berlin during a 25-year
absence from his post as professor at St. Petersburg, he suggested that friction is caused by aratcheting effect and that the
friction work is the work to lift one body over the asperities of the other. The asperities would have a slope equal to or
less than the friction angle. Euler developed the first clearly analytical approach to friction and treated it is an integral part
of the mechanics of bodies in motion. He was also the first to use Hfor the coefficient of friction and to draw a clear
distinction between static and dynamic coefficient of friction, # and / (Ref 13).

The French physicist and engineer Coulomb confirmed Amontons' laws experimentally almost a hundred years after they
were first expounded. In 1781, he suggested that friction was caused by mechanical interlocking of asperities and that the
actual surface material on the individual asperities was functionless. Although his explanation was wrong, his name lives
in quite prominently: the term "Coulomb friction" is still used for dry friction under most conditions (except where heavy
plastic deformation isinvolved, as in metalforming).

The great contribution of the French school was to emphasize that contact occurs only at discrete points. Its major failing
was its belief that the contact was determined solely by the original geometry of the asperities (Ref 14) and its exclusion
of plastic deformation and asperity shape change from the model.

The English School was actually started by a Frenchman, Desaguliers, whose father was a Protestant priest who fled to
England during a period of religious persecution. In a presentation to the Royal Society in 1724, Desaguliers introduced
the concept of cohesive force (now called adhesion). He noticed that if two lead balls were pushed together with a light
twist, they would stick together and that it took significant force to separate them again. He considered this cohesive force
to be a universal phenomenon and suggested that friction can be largely attributed to the adhesion between asperities that
come into intimate contact with one another.

Similar ideas were put forth by Tomlinson in 1929 and by Hardy in 1936; however, now they were based on the concept
of molecular forces, which had been discovered in the interim and which are very short range in nature. Tomlinson even
attempted to explain friction as a basic property derived from fundamental bonding forces working across the interface
between the two metals in contact, combined with a partial irreversibility of the parallel force as atoms approach one
another during sliding and then separate again.

Research in friction accelerated and reached a firm foundation with the work of Bowden and Tabor in the mid-20th
century (Ref 16). Their work focused on adhesion as a magjor cause of friction, but also showed that more than the
outermost layers is involved--that is, that both adhesion and deformation of the substance material are important
contributors to the energy dissipation in friction. The adhesion theory of friction is often attributed to Bowden and Tabor,
and, while they actually were not the first, they provided much supportive evidence; by including the plastic deformation
of surface asperities, they showed that the mechanical properties of the surface material are also important.

In their early work, Bowden and Tabor assumed that the contacting asperities would deform to the point of plastic flow
and reach a contact pressure equal to the indentation hardness of the material. The real area of contact, A, is then
determined from:

N
Ar = F (Eq 3)



where N is the normal load (in newtons) and H is the flow hardness (in N/m?). If it is further assumed that friction is due
to the shearing of bonds, then the friction force would simply be A, times the relevant shear stress, 7. In that case:
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TN AH H (Eq4)

This expression satisfies both of Amontons' laws in that contact area and load are eliminated. Because H ~3¢, where 7,
is the flow stress and 7~+0.5 to 0.6c7, a Hof 0.17 to 0.2 should result as a universal value for the coefficient of friction.
Indeed, this valueis often found for clean metalsin air, but aslater discovered, much higher values are found in a vacuum
when the metals do not have a protective surface oxide film. It was suggested that shearing could also take place below
one of the contacting asperities, especialy if one of the materials was substantially weaker than the other. In that case, the
weaker material would wear (Fig. 6).
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Fig. 6 Schematic showing typical adhesive junction pull-off and wear generated by friction in the weaker of two
materials

Tabor found qualitative support for the expression F = AT by a simple experiment (Fig. 7). For the three pairs of slider
versus flat:

Sed ball onindiumflat: #= 0.6 to 1.2 because 7of the indiumislow, but A islarge

Steel ball on steel flat: #= 0.6 to 1.2, because Tislarge, while A, is small

Sedl ball on sted flat with a thin indium coating: #= 0.06, because shearing both Tand A, are small. T
is small because shearing takes place in the indium, and A is small because the vertical load is
supported by the steel substrate. The indium acts as a solid lubricant in this case

Tabor and his Cambridge students have continued work on friction and wear over the past half century. Much of our
present understanding is due to their dedicated efforts.
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Fig. 7 Relation of friction force (F = A,T) to metal substrate hardness. (a) Hard metal in contact with soft metal
(small Tand large A,). (b) Two hard metals of comparable hardness in contact with each other (large Tand
small A)). (c) Two hard metals of comparable hardness separated by a thin-film layer of soft metal deposited on
one metal surface (both A, and Tare small). Deposition of a thin film of a soft metal on a hard metal substrate
yields the lowest friction force of the above-mentioned three cases. Source: Ref 16

The overview given in the following sections is not intended to be exhaustive, but rather to acquaint the reader with what
many authorities in the field currently consider to be the mechanisms of friction. It is convenient to divide the discussion
according to material type, with the understanding that there is considerable commonality among the groups and that most
work to date has focused on metals.

Friction of Metals

Adhesion. Theinterfacial forces caused by adhesion dominate friction when the surfaces are very clean. The contacting
surface asperities cold weld together and form intimate atomic bonds across the interface. This can take place at virtually
not load, and because the size of the cold-welded area primarily depends on the smoothness of the surfaces and the
closeness of their approach, A and F can be large. This means that #can be 5, 20, 100, or even approach infinity. For the
higher values, #clearly loses its conventional meaning. Actualy, recent work using molecular dynamics (Ref 17) and
atomic force microscopy (Ref 18) has shown that when two surfaces are brought close together at a distance of a few
atomic diameters, they will attract each other to form interatomic bonds. In this case, the normal force can be negative (a
pull) which means that, strictly speaking, /is negative. Again, in this situation the concept of friction has lost its
conventional meaning.



From an engineering viewpoint, strong adhesion between diding surfaces becomes important only for very clean surfaces
in avery high vacuum. Adhesion problems have been studied extensively by Buckley (Ref 19), whose work has focused
primarily on space applications, where the phenomena of adhesion and attendant seizure are extremely important.

High levels of friction in a vacuum environment were previously observed by Bowden and Tabor (Ref 16). They
conducted an experiment to illustrate the effect on friction when the vacuum contains small amounts of molecular species
that can chemisorb on the surface and thereby lower its tendency to form adhesive bonds. The results are shown in Fig. 8,
which illustrates the behavior of pure iron with originally "clean" surfaces sliding against an identical specimen of pure
iron. In the initial vacuum, friction was very high and seizure occurred. As oxygen entered the chamber at alow pressure
of 10 mm Hg, Hdropped to 2.3. If the oxygen pressure was increased 10-fold to 10 mm Hg, Hdropped slightly to 2.1. It
dropped further, to 1.9, as the oxygen pressure was increased to a few millimeters Hg. These H-values are still very high
compared with values that would occur under normal ambient conditions. However, leaving the surfaces exposed to alow
oxygen pressure for along period of time brought #to about 0.5, which is quite similar to values normally found.
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Fig. 8 Influence of oxygen on coefficient of friction of clean iron surfaces. Source: Ref 16

The behavior illustrated in Fig. 8 is not limited to iron dliding on iron, but is representative of the behavior of most metals
when they are self-mated. Clean metal surfaces seize, or cold weld to each other, when they are brought together in a
vacuum. When they are separated, chunks of material are usualy transferred from one surface to the other, even for self-
mated couples. When molecules that can adsorb to the surface, such as oxygen or water vapor, are admitted to the system,
the friction drops because surface sites become covered with adsorbed atoms or even thin layers of oxide, and thus the
surface area available for cold welding decreases. The more reactive a metal is, the more pronounced the effect.

Even materials that do not form oxides in the conventional sense exhibit this type of behavior. An example is diamond
(Ref 19). In avacuum, #= 0.1, indicating that the diamond surface is protected by adsorbed species. If the two contacting
surfaces are rubbed back and forth several hundred cycles in the same track, increases to 0.8 to 1, which indicates that
the mechanical rubbing action has worn through the protective surface film (Ref 19).



In general, as mentioned previously, most classes of material have lower Hin air than in vacuum because of adsorbed
molecules from the ambient air--water, oxygen, carbon dioxide, hydrogen, and so forth. One exception is soft glass, for
which Hincreases in ambient air. The reason for this behavior is that water molecules tend to chemisorb to the glass and
bond the two surfaces together, thereby increasing their friction (Ref 19). If only dry air is used, the effect is not seen.

The amount of adhesion is also affected by the various other possible surface alterations discussed earlier: segregation of
solute or impurity atoms to the surface, reconstruction of surface layers due to change in composition, and formation of
compounds by chemical or mechanical action. The nature and the effects of all of these depend on the specific situation.
For pure, film free surfaces in a vacuum, the adhesive friction depends on the size of the adhesion are, the strength of the
adhesive bonds, and, in most cases, on the flow stress of the subsurface material, because that is usualy where
deformation takes place to accommodate the dliding.

Buckley (Ref 19) has demonstrated that the adhesion between two surfaces depends on the degree of matching between
the crystal planes. The highest adhesion and friction forces are observed for matched planes of the same material. Lower
values are found for matched planes of materials that are different but that have similar lattice dimensions and also show
some mutual solubility. Still lower values are found when the two materials are insoluble in each other. For example,
Buckley quotes high-vacuum values of #= 21 for the self-mated couple copper-copper; H= 4 for the closely fitting planes
of the mutually soluble couple copper-nickel; #= 2 for copper-cobalt, where solubility exists but where one metal is face-
centered cubic (fcc) and the other is hexagona close-packed (hcp); and #= 1.4 for copper-tungsten, where no bulk
solubility exists.

For matched planes and directions, the lowest values of #in a vacuum are found for the planes with the highest atomic
density--for example, the (111) planes in fcc metals or the basal plane in many hcp metals. These planes also have the
lowest surface energy. Mismatched planes and directions yield lower values of #.

Adhesive friction may aso be related to other fundamental properties. One such property is the degree of d-valence bond
character of the transition metals (Ref 8, 19) (Fig. 9). Titanium, which has a very high degree of bond unsaturation, shows
a strong tendency to bond with ailmost anything, such as a matching titanium surface or a nonmetal. As the degree of d-
bond character increases, the friction coefficient decreases--possibly because the greater the degree of bonding of a metal
to itself, the less the bonding across the interface (Ref 19). There may be other possible explanations for this observed
behavior. For example, it seems plausible that some or much of the effect could be due to changesin flow stress and flow
behavior as the degree of d-bond saturation changes.
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Fig. 9 Plot of coefficient of friction in a vacuum versus d-bond character of selected metals. (a) Metals in
contact with themselves at very low load and sliding velocity. (b) Metals sliding in contact with single-crystal
SiC. Source: Ref 19

Because plastic deformation is associated with friction, in most cases it is expected that even in a vacuum the flow stress
of the material will affect /. This is confirmed, for example, by results of friction tests with changing temperature for
metals and alloys that undergo phase transformations. Figure 10 illustrates this for cobalt, which is hcp below 417 °C
(783 °F) and fcc above this temperature. Below the transition temperature, #= 0.35 for cobalt, because the basa
hexagonal planes develop a preferred orientation, slips takes place between them, and thereislittle stain hardening. In this
range, cobalt behaves like a solid lubricant. For the fcc structure above the transition temperature, Hrises rapidly, possibly
because of the significant work hardening of this structure.
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Fig. 10 Plot of coefficient of friction versus temperature as a function of phase transformation in a vacuum for
cobalt sliding on cobalt. Sliding velocity, 1.98 m/s (6.5 ft/s). Source: Ref 19

Similar behavior has been observed for thallium, which also undergoes an hcp-fce transformation. Not al hep structures
show low friction, however. A good example of thisistitanium (Fig. 9). It appears that low friction occurs only for those
structures that deform exclusively in the basal plane and that show low work hardening because the basal planes dlide
readily over one another. For lanthanum, which has three crystalline phases, the friction coefficients are in the order
< My < Hyee (bece, body-centered cubic). Tin and tin-copper solid solutions show the opposite behavior with temperature:
thereis adrop in Has the phase transformation from gray tin to white tin takes place upon heating 13 °C (55 °F). In this
case, the behavior can also explained on the basis of the deformation properties of the two crystal structures. The high
friction is exhibited by the low-temperature phase (gray tin). It has a diamond-type structure and exhibits a high degree of
work hardening, while the white tin has a body-centered tetragonal (bct) structure that deforms more readily and that
shows less work hardening and consequently lower friction (Ref 19).

In summary, adhesion is a very important component of friction in a vacuum. In extreme cases, it may lead to complete
seizure of the two surfaces. The amount of adhesion depends on the nature of the surfaces, on their affinity for each other,
and on their affinity for any adsorbates that may be present in the vacuum. The friction coefficient also depends on the
flow stress properties of the near-surface material, because this is where deformation to accommodate the sliding most
often takes place. In contrast, the effect of adhesion on friction under ambient conditions is more controversial, because it
is not as unequivocally demonstrated.

Asperity Deformation. When asperities contact, they undergo elastic and plastic deformation to accommodate the
stresses, as proposed by Bowden and Tabor (Ref 16), who divided the friction force into two components: a plowing term,
Fp, and an adhesion term, F,. The plowing term is due to energy dissipation in plastic deformation when the asperities
interact with one another. If one metal is softer than the other, the hard asperities will produce visible grooves in the softer
metal surface by a "plowing" action. For rubbers and polymers, the primary energy-dissipation mechanism is internal
hysteresis. Most brittle materials can also undergo some plastic deformation in the compressive hydrostatic pressure
region in front of and below amoving, plowing indenter or asperity. They also dissipate energy through microcracking.

The adhesion component of friction, F,, is much more controversial, except when dealing with clean surfaces in a high
vacuum, as discussed above. It is difficult to find a measurable force of adhesion between two "normal" engineering
surfaces when they are pushed together under "normal™ conditions. It has been suggested that this may be due to two
factors:



A large part of the surface is covered with films of oxides, adsorbates, and so forth, and only a few of
the highest asperities are able to penetrate these films to form the metal-to-metal bonds needed for
adhesion occur

Thereis alarge, elastically deformed region below the vary small, plastically stressed, adhering volume
associated with the few spots of intimate contact. When the load moves, the elastic strain release
overwhelms the adhesive bonds and ruptures them; consequently, significant adhesion is not seen in any
force measurements

Bowden and Tabor originally suggested that that the reason a friction force would appear when two surfaces were did
parallel to each other, while amost no adhesion was seen if they were pulled apart without sliding, was that the junctions
grew because of the horizontal forces and that friction was caused by the adhesion over these larger areas. This junction
growth theory still has some supporters (Ref 18, 20), but it is now generally thought that adhesion does not contribute a
clearly separate component to friction. Rather, adhesion is thought to be a component of the plastic deformation of
asperities, a component that strongly influences the amount and the nature of the deformation. This approach has been
reviewed by Johnson (Ref 21) and is discussed in some detail in his book (Ref 22).

The initial assumption that the contacts would be almost exclusively plastic was chalenged by Archard (Ref 23), who
pointed out that while it is reasonable to assume plastic flow for the first few traversals of one body over another, the
same could not be assumed for machine parts that make millions of traversals during a life-time. The tallest asperities
may flow plastically at first, but the surface must reach a steady state in which the load is supported elastically. For very
rough surfaces, some initial plastic flow would certainly be expected, while for very smooth surfaces, the contact may be
mostly elastic.

Greenwood and Williamson (Ref 6) attempted to model the condition at which changeover from elastic to plastic contact
takes place. They used a multiasperity model and assumed that the asperities had a Gaussian height distribution and the
same tip radius. They also assumed that the elastic deformation and stresses could be calculated from the Hertzian
equations. Onset of plastic flow was taken to be the point where the maximum Hertzian pressure reaches about 0.6H,
where H is the indentation hardness. This is in accordance with findings from studies of the indentation hardness of
metal s (see, for example, Ref 22).

It was convenient to introduce a plasticity index:

where ¥jsthe plasticity index and E' is the effective elastic modulus from the Hertzian expressions, given by:
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where E; and E, are the elastic moduli and v; and v, are the Poisson ratios of the two materials. If one materia is
considerably harder than the other:

E = 5 (Eq 7)

which can be called the "plane stress modulus.” If the two materials are identical, E' is half of this.

In Eq 5, H is the indentation hardness (in N/m?), &is the standard deviation of the asperity height distribution, and ."'fisthe
radius of the asperity tips. The plasticity index combines mechanical properties (E' and H and topographical properties (¢
and ) of the solids in contact.



Greenwood and Williamson (Ref 6) found that while %’may vary from 0.1 to 100 for real surfaces, in practiceit falsin a
narrow range. Typically, if > 1, there is significant plastic flow; if 0.6 < %< 1, there is some elastic and some plastic
deformation; and if ¥’< 0.6, plastic flow is unlikely.

Because load does not enter into the expression, it is clear that surface properties and surface topography, according to
this model, play much greater roles in determining whether plastic deformation takes place. It is also clear that if the
surface topography is such that plastic flow occurs initialy, surface interaction in repeated passes may smooth the surface
during run-in, until the standard deviation of the asperity height distribution (¢7) decreases and/or the radius of curvature

of the asperities (."f) increases such that the plasticity index fallsinto the elastic range of contact.

Interestingly, in the GW model the real area of contract is almost proportional to load, even when the contact is entirely
elastic. That is, Amontons' laws can be satisfied by elastic aswell as by plastic contact conditions.

Plastic deformation may be of vital importance even when the total area of plastic contact is quite trivial. For example, on
oxide-covered contacts, the plastic contacts will be the points where electrical and thermal conduction takes place, and
they will also be the origin sites for much of the friction. However, many surfaces probably have no plastic contacts at all
or have primarily elastic contacts rather than plastic contacts in each pass.

Somewhat more refined models of surface topography and of the deformation model have been proposed (Ref 24), as has
a dlightly different plasticity index (Ref 25). These are relatively minor improvements and have been omitted from this
discussion for the sake of simplicity.

The effect of friction on the deformation process for idealized single-asperity contact has been described by Johnson (Ref
21) for the case of atwo-dimensional asperity (a wedge), which lends itself to dlip-line field analysis. The nature of the
deformation under a blunt wedge depends on the interface friction between the wedge face and the surface of the metal
(see Fig. 11 for arigid, perfectly plastic materia). If the friction is large, a cap of restrained material that does not flow
plasticaly will form below the tip of the wedge. If the friction is zero, no such cap develops and the metal deformation
takes place in a narrower zone around the indentation. If the wedge is made to move across the metal surface, it will
initially dig deeper into the counterface, because the load will have to be supported on one side only. Thisis equivalent to
the junction growth discussed above. Eventually, the wedge will return to the surface level, riding on its own "bow wave"
and pushing a prow of plastically deformed material ahead of it. When the interface friction is high (perfect adhesion), the
overall coefficient of friction approaches 1. If the adhesion is zero, pure plowing takes place. The wedge does not dig into
the surface as deeply, and the final "bow wave" is much smaller (Fig. 12). In this case, the final friction is H~cot ¥,
where t¥is the wedge half-angle.

Fig. 11 Indentation of a rigid, perfectly plastic surface by a rigid blunt wedge. (a) With perfect adhesion, a cap
of material adheres to the wedge face (shaded area). (b) With zero adhesion, the contact pressure, p,, acts
normal to the wedge face and the volume of deformed material is less. pm = 2k(1 + %/,). Source: Ref 21



Fig. 12 Steady-state plowing of rigid, perfectly plastic material by a rigid wedge with half-angle, ¥, of 68°. (a)
Perfect adhesion: T= 0.73, k = 0.43p, H#= 1.0. (b) Zero adhesion : T= 0, H= cot ¥= 0.40. The plastic
shearing of the surface relative to the bulk is shown by 0. Source: Ref 21

This idealized model illustrates the probable role of adhesion in the friction of ductile metals. Both with and without
adhesion, the energy dissipation is caused by plastic deformation. Without adhesion, the plastic strains are relatively small
, Where /= [, and is determined by the surface topography and generally has a value of less than 0.15. The presence of
adhesion increase the plastic strains of plowing, causes substantial prow buildup, and yields #~1.0, irrespective of
surface topography (Ref 21).

Challen and Oxley (Ref 25) have further investigated this model for various levels of interface strength, that is, for
different levels of adhesion between the asperity face and the metal surface. Figure 13 shows their results for three
different half-angles, 70°, 80°, and 90°, the last representing a flat punch. The friction coefficient, ¥, is plotted versus the
normalized interface strength, 7/k, where Tis the interface shear strength and k is the shear yield stress of the metal.
Relatively small changes in Tcan change #from 1.0 to 0.5, a result well known from practical tests on metals in ambient
air (see also Fig. 8). The H-values at 7= 0 may be thought of as representing pure plowing and those at rx¥= 90° as

representing adhesion. When true adhesion takes place and there is no dip at the interface, #rises rapidly to a value of
1.0.
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Fig. 13 Plowing by wedges with different half-angles and for various levels of partial adhesion. The "pure
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total loss dissipated at the interface. Source: Ref 25



One must remember that conditions may be somewhat different in real life compared with the idealized conditions of
plane strain indentation of elastic-perfectly plastic materials. The flow under a three-dimensional asperity is somewhat
different from that under a wedge, and real surface material usually work hardens during the run-in period. However, the
presentation based on the work of Johnson (Ref 21) and Challen and Oxley (Ref 25) illustrates the general phenomena,
even if several minor details may be somewhat different under real-life conditions. One must also remember that the local
contact areas may be at conditions quite different from those of bulk material. They may be heated by friction to
temperatures that cause significant softening or even recrystallization and that may promote local oxidation. Furthermore,
the local deformation happens rapidly and over avery short distance, while the resulting strain is large. Consequently, the
associated strain rates can be very high. These conditions, coupled with the high hydrostatic pressure, may make it
difficult to apply conventional constitutive equations for the material to the deformation that takes place in frictional
contacts.

Deformation Energy. Rigney et al. (Ref 26, 27) have suggested that metallic friction can be determined on a
deformation energy basis alone, from the strain energy that each pass of the slider introduces into the deformed layer. By
equating the plastic work in surface deformation with the work done by the friction force, they derived the expression:

I 1o

PS4 H (Eq 8)
where n is the work-hardening coefficient in the shear stress/shear strain flow equation:
T=T7o 1" (Eq9)

and H isthe hardness (in N/m?).

This model has no adhesive component. Thus, current models of friction extend from pure adhesion to pure plastic
deformation, with considerable coverage of the middle ground of adhesion plus elastic and plastic deformation. Although
the modern models are much more detailed, their basic principles not very different from those of the early French and
English schools. This is atribute to the insight of the early pioneers in the field, but aso underscores the complexity of
the subject.

Third-Body Effects. An additional friction term based on mechanical deformation has been proposed by Suh (Ref 28,
29). He considers friction to have three components:

|“= Hmp + |“p|0W + |“part (Eq 10)

where M, is a contribution from deformation of the asperities, /0y iS due to plowing effects, and ¥, is due to wear
particles that remain in the wear zone and may agglomerate, work harden severely, and act as third bodies that deform the
contacting surfaces.

The model was supported by findings such as that shown in Fig. 14. Here, the friction of a copper-copper sample rises
from a rather low value as the distance of dliding increases (upper curve). If the surface is modulated to provide it with
channels into which the particles can fall before they agglomerate and damage the surface, then the rise is not seen, and
friction remains quite low (lower curve).
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Fig. 14 Plot of coefficient of friction versus sliding distance for two types of copper surfaces. A, copper pin
sliding on a copper flat. B, copper pin sliding on a modulated copper surface. Source: Ref 28

The role of trapped debris particles has also been recognized by Godet (Ref 30), who considers most wear behavior at
steady state (for example, after 1000 cycles) to be controlled almost exclusively by third-body wear particles between the
two surfaces. Adhesion and deformation in plowing and fatigue are still components of the entire process, but mainly
because of their roles in formation of the wear particles. Interestingly, in this case friction is basically controlled by wear;
the opposite statement--that wear is controlled by friction--is more often heard. Most likely, both statements are partially
true.

Friction in metalforming is complex subject worthy of its own article an will be mentioned only briefly here. Because the
contact loads during metalforming processes are high, the plastic zones beneath the asperities will merge and overlap and
will eventually join with the deformation processes in the workpiece itself. Traditionally, it has been assumed that
Coulombic friction controls the interface forces at low loads and that as the load grows to the point where the real area of
contact is equal to the apparent area of contact, friction becomes independent of pressure and takes on the value k, which
is the flow shear stress of the workpiece material (Fig. 15). It has been pointed out that k, is not a simple value; it is
modified by the hydrostatic pressure and by geometric constraints, so that the final value under real conditions becomes
somewhat lower than k determined from uniaxial tension tests (Ref 31). Because the situation is complicated by high
stresses, high strain rates, frictional heating, surface oxides from heat treating, and so forth, the area of friction in
metalworking is one of the least understood and most challenging for future work. An advanced analysis based on dlip-
line field studies has recently been presented by Kopalinsky et al. (Ref 32).

I *—Eﬂ:?nmm Full plasticity (s = k) —=|
i (5=py) A
¢ -

B Z

g

&

=

Pressure (p) —

Fig. 15 Friction stress along the die surface in metalforming as a function of the normal pressure in the forming



process. A, ideal conditions. B, actual behavior

There is still some disagreement regarding the actual cause of friction of metals. In genera, friction has severa
components:

H= Ha+ Hp+ Ho+ Hpgy (Eq 11)
where

s due to adhesion (or spot welding) between the surfaces. It is very important in high-vacuum
applications and for very clean surfaces, and it may take over for certain metals that show seizure under
ambient conditions. Under normal conditions, adhesion probably plays only a minor direct role, but it
plays asignificant indirect role by its effect on the plastic deformation in plowing

I, is plastic deformation and plowing caused by deformation of one surface by hard asperities from the
other. The result is formation of permanent grooves in the surface of the softer metal or pushing of a
"bow wave" of material across the surface ahead of the indenter

He is a contribution from the elastic deformation of the material below the plastically deformed regions.
It becomes more important as the surfaces are cold worked and smoothed during the run-in period

Hoat IS due to third-body particles trapped between the surfaces. These appear after some distance of
dliding and are usually agglomerations of small wear particles. Their friction contribution is one of
plastic deformation as they indent the surfaces or roll between them

Detailed information is available in the article "Appendix: Static and Kinetic Friction Coefficients for Selected Materials'
in this Volume. It is clear that friction is compound property of the system in question and that prediction of friction from
first principlesis not yet possible.

Friction of Polymers

Friction in polymers is caused by many of the same mechanisms as for metals. There are other mechanisms, too,
primarily because of differencesin mechanical properties--in particular, the viscoelasticity, strain-rate sensitivity, and low
thermal conductivity of polymers. In broad terms, friction is caused by mechanical deformation and surface adhesion, as
for metals. The various friction mechanisms for polymers are illustrated in Fig. 16, 17, and 18 and are discussed in the
following sections.
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Fig. 16 Schematic showing a model of the friction dissipation zones present in a polymer. Source: Ref 33
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Fig. 17 A smooth, rigid sphere sliding or rolling over a viscoelastic material in the absence of surface adhesion.
The progressive changes of stress beneath the contact are indicated for a chosen volume element. Each
element undergoes about three cyclic deformations during the passage of the indenter. Source: Ref 33
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Fig. 18 Formation of Schallamach waves by buckling of the rubber surface at the compression side of contact.
(a) For hard slider on rubber flat, waves move from front to back. (b) For rubber slider on hard flat, waves
move from back to front. Source: Ref 21

Interfacial Zone Shear. Deformation takes place in a very thin layer (~~100 nm) at the interface (Fig. 16). Slip may
occur right at the interface itself, but is more commonly found within the polymer. In that case, a transfer layer forms on
the other surface, possibly bonded adhesively via the carbon bonds (Ref 8) or held in place chemically by weaker
interfacial bonds and mechanically by the surface roughness. Because the shear zone is very thin, it may experience
extremely high shear rates with consequent local heating, exacerbated by the relatively low conductivity of the polymer
matrix.



Some polymers do not appear to form transfer films, in which case sliding will take place at the interface between the two
materials. This occurs primarily in highly cross-linked polymers and in some unlinked polymers below the glass transition
temperature (Ref 33). Most semicrystalline polymers form transfer films, however. Typical examples at room temperature
are polytetrafluoroethylene (PTFE) and low- and high-density polyethylene (HDPE). For PTFE, HDPE, and ultrahigh
molecular weight polyethylene (UHMWPE), strain softening effects tend to lower the friction as dliding progresses. In
general, for polymers whose frictional deformation takes place in the interfacial shear zone, friction is controlled by the
flow stress at very high strains and strain rates and at somewhat elevated temperatures.

Deformation zone friction isfriction caused by energy dissipation in deformation of the material below the indenter
in the deformation zone (Fig. 16). This zone is similar in size to the plastically strained zone beneath an indenter on a
metal substrate. Polymers have a characteristic ability to deform viscoelastically, in which case an imposed strain is fully
recovered, usualy with some time hysteresis. Organic polymers cover a full range of viscoelastic behavior, from
essentially brittle to essentially ductile behavior, and the relative contribution of the two types of deformation behavior in
any particular case depends strongly on deformation rate, temperature, and stress state (Ref 33). For glassy polymers,
much of the energy dissipation in the deformation zone will be caused by microcracking, while ductile polymers produce
grooving by permanent deformation. There is a transition between microcracking and plastic grooving that depends on
diding velocity, with lower speeds favoring more ductile deformation, as expected. Polymers in this general group
include polymethyl methacrylate and polycarbonate.

Many polymers exhibit no permanent deformation after the indenter has passed, because they are viscoelastic and recover
the original strain. The friction work is dissipated in the hysteresis of the deformation. Figure 17 shows the deformation
patterns below a sliding (or rolling) hard contact. Each volume element undergoes about three cyclic deformations during
the passage of the contact (Ref 33). The fraction of deformation energy lost (that is, the energy dissipation and thus the
friction) is proportional to tan &, where dis the loss angle of the polymer at the deformation frequency. Corrections for
local pressure and temperature effects may have to be made, because the conditions beneath the indenter are essentially
adiabatic and quasi-hydrostatic pressure (Ref 33). If conditions are made more severe--for example, by increasing the
interface friction or by increasing the depth of indentation--the deformation will change from viscoelastic grooving to
tearing and plastic grooving. Additional information is availablein the article "Solid Lubricants' in this Volume.

Friction of Elastomers

For fully viscoelastic materials, such as rubber and elastomers in general, interfacial friction appears to play an important
role in dry diding by strongly affecting the viscoelastic deformation behavior. Sliding involves generation of so-called
Schallamach waves (Fig. 18). These waves are like giant dislocations that form on the compression side of the rubber
member and then move through the contact zone toward the tension side. The rubber peels from the counterface and then
becomes reattached. The reattachment energy is much smaller than the detachment energy (work of adhesion), so the
latter dominates the behavior (Ref 21). The friction force, F, is.

F={"fav (Eq 12)

where I'is the work of adhesion, f is the frequency of passage of Schallamach waves, A is the contact area, and V is the
diding velocity (Ref 21). Additional information is available in the article "Appendix: Static and Kinetic Friction
Coefficientsfor Selected Materias' in thisVolume.

Friction of Ceramics

The frictional behavior of ceramics is not well understood. In general, these materials might be expected to exhibit quite
low friction, because the contributions from both adhesion and deformation are expected to be fairly low. The
contribution from deformation should be relatively low because the hardness is high, and contribution from adhesion
should be relatively low because formation of primary bonds across an interface between two ceramic materials requires
the proper registry of positive ions on one side with negative ions on the other, and vice versa, arelatively rare condition.
Nevertheless, ceramic materials exhibit quite high levels of friction--levels that change drastically as the wear mode
changes. The friction is very strongly affected by the formation of surface films of oxides and hydroxides, which often
have lubricating properties. Much work needsto be donein this area.

Other Materials



A number of materials exhibit specia types of behavior that will be touched on briefly here. This behavior can be
understood qualitatively from a detailed knowledge of the deformation behavior and surface chemistry of the materialsin
question. Additional information is available in the article "Appendix: Static and Kinetic Friction Coefficients for
Selected Materias' in this Volume.

Graphite and MoS, exhibit low friction because of their layered structures. Each layer contains strong bonds that make
it resistant to breakup and thereby enable it to carry substantial load. Weak bonds between the layers enable then to dide
readily over one anather. These materials and several materials with similar structures are used as solid lubricants.

Ice is a special material from a tribological point of view. Water is one of the very few materials that expands upon
freezing. Consequently, ice can be made to melt by the application of pressure. Skates, skis, and sed runners generate
their own lubricating film of water as they slide over the ice or snow. The lubricant forms at contacting asperities by a
combination of frictional heating and pressure effects. If the ambient temperature drops sufficiently to strongly limit this
melting (below about -25 to -30 °C, or -13 to -22 °F), operation of this equipment becomes difficult.

Rolling Friction

This article is primarily concerned with dliding friction, which is the friction that arises as one solid body slides over
another. However, it has been known for thousands of years that it is easier to roll surfaces than to slide them. The
resistance to rolling is called rolling friction and may be very low; for hard materials it may be as low as 0.001 (Ref 34).
A very brief introductory discussion of this topic follows.

The use of rolling, as distinct from diding, as a means of obtaining low coefficients of friction finds its greatest
application in wheels and in ball and roller bearings. It is known that lubricants have little influence on rolling friction and
that the resistance to "free rolling" (that is, rolling in the absence of an imposed tangential force) is made up of three
components (Ref 22):

Those arising from microdlip and friction at the interface
Those due to inelastic properties of the materials
Those due to surface roughness

Microslip at the interface occurs both when the two bodies have different elastic properties and when their
curvatures are different, but the effects are insignificant in both cases. Exceptions are found when there is alarge area of
contact, such aswhen aball isrolling in avery deep groove, in which case the coefficient of rolling friction may approach
0.3 (Ref 34). Significant microslip may also occur when the rolling is tractive, that is, when large forces and moments are
transmitted between the bodies through the contact zone. In this case the behavior will approach diding.

Anelastic hyteresis losses dominate rolling friction in free rolling. If no permanent groove is formed from the rolling
of aball over a surface, the material beneath the front of the ball is compressed elastically and the material at the trailing
part of the contact zone will expand elastic at the same time. If the material were ideally elastic, there would be no energy
loss and the rolling friction would be zero (Ref 34). In redlity, the deformation has some inelastic hysteresis and the
corresponding energy loss is dissipated within the solids, at a depth corresponding to the maximum shear component of
the shear stresses. If the thermal conductivity islow and the elastic hysteresis loss is high, this energy release can lead to
failure by thermal stress beneath the surface (Ref 22).

The behavior of metals and ceramicsin rolling contact is quite different from that of rubbers and polymers. For the former
the anelastic hysteresis is governed by minute dislocation movements and is therefore usually very small, resulting in low
rolling resistance. On the other hand, materials (such as rubbers) that exhibit full or partial viscoelastic deformation may
have considerable rolling friction, and this friction may be quite sensitive to both temperature and deformation rate.
Typical #, values for an automobile tire fall in the range of 0.01 to 0.03.

Surface roughness can affect rolling friction in two ways, although the affect usually is minor. First, for very lightly
loaded rough hard surfaces, the energy expanded in lifting the body over the irregularities gives a small contribution to
therolling friction. Most of the energy transfer in this situation is by impact between surface irregularities, and the rolling
friction due to this causes therefore increases with rolling speed (Ref 22). The second contribution arises from localized
deformation. At the local asperities, the contact pressure may be concentrated to the point where permanent deformation



occurs, even if the bulk stress level is within the elastic limit. This can result in a decrease in rolling resistance with
repeated traverses as the surface roughness is smoothed out by repeated plastic deformation of the protruding points (Ref
22).

In summary, rolling friction is usually very low, and it is primarily determined by anelastic deformation losses in the
material. The greater the hysteresis loop of the deformation, the larger the energy loss in the deformation cycle and the
greater the consequent coefficient of rolling friction.

Future Outlook

The basic mechanisms of friction are adhesion and mechanical deformation. Their relative roles are still the subject of
much discussion. Frictional energy appears to be lost primarily as energy dissipates through deformation of the surface
layers by elastic, plastic, and viscoelastic deformation and/or by microfracture of the surface material and possibly some
mode |l (shear) fracture of adhesive interface bonds. Adhesion is a primary cause of friction in high-vacuum
environments and in instances of seizure. In most cases, however, surface films and contamination limit adhesion to afew
small spots, where it can strongly influence the amount and nature of the local friction-generated deformation. Much work
needs to be done to elucidate these basic mechanisms and to link minimum friction values (that is, those not determined
by the system in question) with basic materials properties--if, indeed, that is possible.
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Frictional Heating Calculations

Richard S. Cowan and Ward O. Winer, Georgia Institute of Technology

Introduction

WHEN COMPONENTS IN RELATIVE MOTION are mechanically engaged, the region of contact, which could be dry
or separated by a lubricant film, experiences a temperature rise. This phenomenon has been the concern of numerous
theoretical and experimental studies because its presence may affect the performance and longevity of the respective
surfaces.



While such investigations yield differing effects dependent on the situation, the common observation of a temperature
change has been associated with the presence of mechanica energy, which is required to overcome frictional resistance as
diding at the contact interface occurs. The energy, dissipated through conversion into thermal energy, is manifested as a
temperature rise. At the microlevel, this increase can be substantial. A localized change in material properties, an
enhancement in chemical reactivity, and ultimately, failure of the mechanical system can resullt.

Attempts to quantify temperature changes have led to the development of straightforward equations associated with the
type of contact. Although obscured by such situational uncertainties as the coefficient of friction, real area of contact, time
of heat source exposure, and the constancy of material properties, the computational methods outlined in this discussion
are focused on the flash temperature; that is, the relative change between the surface temperature and bulk temperature of
a component due to frictional energy dissipation at the surface. To a designer, such an analysis provides an indication of
what temperature level to expect when surfaces are in contact, provided that the physical and chemical changes that may
occur in asurface layer are accounted for.

Acknowledgement

The authors wish to express their appreciation to the George W. Woodruff School of Mechanical Engineering, at the
Georgia Institute of Technology, for the sponsorship of thiswork.

Frictional Heating Nomenclature

In applying the developments associated with frictional heating, concepts have emerged that can dramatically affect the
integrity of an analysis. The user needs to understand how such parameters as temperature, T; coefficient of friction, #;
heat partition factor, *I'; heat source time, t; Péclet number, Pe; and real area of contact, A, are interpreted and how they
contribute to the heat transfer model employed.

Bulk, Contact, and Flash Temperature. Simply defined as the average temperature of the body prior to frictional
heating, the bulk temperature, Ty, remains constant in the body at some distance from the location of frictional energy
dissipation. Upon frictional heating, the surface temperature ascends from this bulk temperature to a contact temperature,
T, a each point comprising the real area of contact. This temperature increase is commonly referred to as the flash
temperature, Ts. Therefore:

Ts = Tc - Tb (Eq 1)

Some members of the engineering community regard flash temperature to be the absolute (actual) temperature of the
contact spots. However, this discussion will not use this alternate usage of flash temperature.

Coefficient of Friction. The coefficient of friction, #, is defined as the ratio of the tangential force required to move
two surfaces relative to each other, to the normal force pressing these surfaces together. It is sensitive to a variety of
factors, including:

Material composition
Surfacefinish
Sliding velocity
Temperature
Contamination
Lubrication
Humidity
Oxidefilms

As a result, for any two surfaces, #may fluctuate over severa orders of magnitude, varying with time and location.
Because it enters the calculation of flash temperature to the first power, the coefficient of friction provides a major source
of uncertainty.



Heat Partition Factor. When two surfaces engage in diding over a given contact area, the thermal energy generated
per unit time, Q, is assumed to be distributed such that part of the heat, namely Q; = V',Q penetrates body 1, as the
remainder, Q, = 1,Q, enters body 2. The coefficients ¥, and /', are known as heat partition factors.

As afunction of the thermal properties, bulk temperatures, and relative speeds of the respective components, expressions
for ", have been devel oped recognizing that:

hf.l + hf.z =1 (Eq 2)

and that the contact temperature at each point on the interface isidentical for both surfaces. Typically, only the maximum
or mean surface temperatures within a given contact area are equated for ease of analysis.

Heat Source Time. When a surface contact is exposed to frictional heating, an unsteady situation ensues because the
temperature increase becomes a function of time as well as position. The size of the source as well as the thermal
properties and speed of the respective materials determine the transient behavior.

The surface receives thermal energy only for the time, t, that the heat source exists. Gecim and Winer (Ref 1) estimate
that for a circular contact of radius a, a steady-state temperature is reached in atime such that the Fourier modulus, F,, of
each surface reaches 100. The Fourier modulusis a dimensionless heat transfer grouping:

F.} = 3 (Eq 3)

where D; isthe thermal diffusivity of body i.

Péclet Number. The Péclet number, Pe, is adimensionless heat transfer grouping defined by
Pe = Pc,VLJK (Eq4)

where Fis the density; ¢, is the specific heat at constant pressure; V is the velocity; L. is a characteristic length; and k is
the thermal conductivity (Ref 2). It relates the thermal energy transported by the movement or convection of the medium,
to the thermal energy conducted away from the region where the frictional energy is being dissipated.

In computing the Péclet number, L. is usualy expressed as a measure of the contact dimension in the direction of diding
motion. Thus, for relationships presented in this review, the Péclet number can be expressed as:

Pej=——* (Eq5)

where V, is velocity of surface i, tangential to contact (in m/s); L. is the contact width for line contact (w), or contact
radius for circular contact (a), in the direction of motion (in m); and D; is the thermal diffusivity of material i (in m%s),
which is given by:

k
D;= (Eq 6)
prop

Real Area of Contact. At the microlevel, it is observed that a seemingly smooth surface is composed of a series of
asperities. Thus, when contact between surfaces is made under low pressure, the interface is not one coherent area, as
assumed by Hertz (Ref 3), but is made up of several small regions where respective surface peaks touch. Generally, the
real area of contact (A,) is only a fraction of the apparent area or contact patch. The real area is considered to be
proportional to the normal load, and inversely proportional to the hardness of the softer of the two contacting materials.



The size of and distance between real contact areas within the apparent areawill affect the distribution of thermal energy
as variations in localized pressure and interactions from neighboring contacts result. This may have little effect on the
average apparent contact surface temperature (given that the actual bearing area is small); however, the maximum
temperature change from frictional heating at an asperity contact can be significantly, as evidenced by visible hot spots
(Ref 4).

Idealized Models of Sliding Contact

Frictional heating calculations are developed on the premise that thermal energy is generated at an area of real contact,
and that the energy is conducted away into the bulk of the rubbing members. Thus, the theory requires solution to
equations for the flow of heat into each body in such a proportion as to yield equivalent surface temperatures over the
contact region.

The following analyses demonstrate the formation of idealized models to represent sliding contact. Expressed in terms of
the size of aheat source, the rate of heat flow, and the velocity and properties of the materialsin contact, the computations
obtained can be used in approximating practical conditions of a similar nature.

General Contact Analysis. The sliding contact may be considered as two solid bodies, of which one or both move at
uniform speed past a band-shaped heat source (Fig. 1). This source has a heat flux distribution, g, with an average value
of Qa.

Fig. 1 Schematic showing key parameters that affect heat distribution in an ideal sliding contact model. V; and
V,, velocities of surface 1 and surface 2, respectively, both velocities being tangential to contact and normal to
contact length; g, heat flux distribution; gq; and q,, portion of heat distribution that penetrates surface 1 and
surface 2, respectively; R; and R,, radius of curvature of surface 1 and surface 2, respectively; L and w, length
and width, respectively, of heat source

The maximum contact temperature, T, will occur at the surface of either body. It may be ssmply computed from:
To=Thi +Th; (Eq7)

where Tt , the maximum flash temperature of body i (in °C), is superimposed on its respective bulk temperature, Thi .

Considering that one or both bodies will move relative to the heat source, the maximum flash temperature (in °C) for a
moving surface has been related to the parameters described as:



n:p-%"""*ﬁ (Eq 8)

where t represents the time during which any point on the surface is exposed to heat (Ref 5). Variable b denotes a thermal
contact coefficient equal to the square root of the product of the specific heat (c), density (), and thermal conductivity (k)
of the material. Coefficient F is dependent on the form of the heat flux distribution, g, over the width of the heat source.
For a square heat source with uniform distribution in which q = ga, F is equivaent to 2/(7Y%) = 1.13, closely
approximating a semielliptical distribution where F = 1.11 (Ref 6). Furthermore, the product 7 - g., represents the portion

of heat entering the body where Vis the heat partition factor. The average total heat flux, g (in W/m?), generated by
friction between the two loaded surfaces can be expressed as:

OQav = H: Pav - Vi (Eq 9)

where #is the coefficient of friction, pa is the average pressure according to Hertzian contact theory, and V, denotes the
relative sliding velocity between the two surfaces.

Should one of the bodies of Fig. 1 be stationary or moving such that there is sufficient time for the temperature
distribution of a stationary contact to be established, the maximum flash temperature of the body is determined as a
function of its thermal conductivity, k, and the heat flux distribution, g. Table 1 summarizes an assortment of maximum
flash temperature relationships for point and line contacts based on a uniform heat flux distribution, q = gq,.

Table 1 Selected maximum flash temperature relationships for line and point contacts based on uniform
heat flux distribution

Surfmce relative *mximum Mazh
Type of conisci e hest source iemperature, Telal
Line (L, length; g
w, width) Stationary -..-"'_
: mlk
5
Moving 1.13 i T
Lk Vw
Circular fa, o
radius) Stationary ;
o
Moving 0.508 ¢ i
ok Vir

'n.l'&:.lh:l'm-iltﬂﬂ,gy peneraied per unil time; &, thermal conduciivity,
{3, thermal diffusivity, ¥, velocity

Examples of frictional heating, with both bodies or only one body in motion, are discussed in the sections "Line Contact
Analysiswith Two Bodiesin Motion" and "Circular Contact Analysis with One Body in Motion" in this article.

Line Contact Analysis with Two Bodies in Motion. Using the model of Fig. 1, the total heat flux developed from
the two moving bodies in line contact must be partitioned (see the section "Heat Partition Factor" in this article). Blok
estimated this by equating the maximum flash temperature of each surface using Eq 8, assuming equivalent bulk
temperatures and atime of contact, t, equal to w/V;, where w is the width of the heat source and V; is the velocity of body i
(Ref 6). Asaresult, the portion of heat withdrawn by surface 1 is:

n

V1= 1 (Eq 10a)




where:

by V)

n=———= (Eq 10b)

bV

As the two components have equal bulk temperatures Ty, the contact surface temperature (in °C) of either body can be
simply expressed as:

Te=Ti+ T (Eq11)

Should both bodies be moving such that the Péclet number of each surfaceis at least 2, the combination of Eq 8 and 9 for
usein Eq 11vyields T; (in °C):

W

fw

Ti=1L13p-
I e I{.".,-

(Eq 12)

( | Vi = Vil )
bV + by SV

where His the coefficient of friction, w is the contact width (in m), L is the contact length (in m), Wis the normal contact
load (in N), V; and V, are velocities (in m/s) of surfaces 1 and 2, tangential to contact and normal to contact length,
respectively, and b; and b, are thermal contact coefficients of bodies 1 and 2 (W - s¥2m? . °C); inwhich by is:

kiepieci=//D; (Eq 13)

Note that k;, #;, ¢;, and D; are the thermal conductivity, density, specific heat per mass, and thermal diffusivity of body i,
respectively. Representative values of common materials are found in Table 2.



Table 2 Typical thermal properties of common materials

Materia Properties at 20 °C (70 °F) Thermal conductivity (K) at selected temperatures, W/m - °C
Temperature, °C (°F)
Density (/ Specific Thermal_ _ T_herma! -100 O 100 200 300 400 600 800 1000 1200
), heat (c), conductivity diffusivity (- (32) (212) (392) (572) (752) (1112) (1472) (1832) (2192)
kg/m? kdkg - (K, (D)z, ; 148)
°C W/m -°C (ms) x 10
Aluminum
Pure 2707 0.896 204 8.418 215 202 206 215 228 249
Al-Cu (Duralumin): 94-96% Al; 3-5% 2787 0.883 164 6.676 126 159 182 194
Cu; trace Mg
Al-Si (Silumin): 86.5% Al; 1% Cu 2659 0.867 137 5.933 119 137 144 152 161
Al-Si (Alusil): 80% Al; 20-22% S 2627 0.854 161 7.172 144 157 168 175 178
Al-Mg-Si: 97% Al; 1% Mg; 1% S 2707 0.892 177 7.311 .. 175 189 204 ...
L ead 11,373 0.130 35 2.343 369 351 334 315 298
Iron
Pure 7897 0.452 73 2.034 87 73 67 62 55 48 40 36 35 36
Wrought, 0.5% C 7849 0.46 59 1.626 o 59 57 52 48 45 36 33 33 33
Stedl:
0.5% C 7833 0.465 54 1.474 e 55 52 48 45 42 35 31 29 31
1.0% C 7801 0.473 43 1172 o 43 43 42 40 36 33 29 28 29
1.5% C 7753 0.486 36 0.970 . 36 36 36 35 33 31 28 28 29
Nickel stedl:
0% Ni 7897 0.452 73 2.026
20% Ni 7933 0.46 19 0.526
40% Ni 8169 0.46 10 0.279
80% Ni 8618 0.46 35 0.872
Invar: 36% Ni 8137 0.46 10.7 0.286
Chrome sted:
0% Cr 7897 0.452 73 2.026 87 73 67 62 55 48 40 36 35 36
1% Cr 7865 0.46 61 1.665 o 62 55 52 47 42 36 33 33
5% Cr 7833 0.46 40 1.110 . 40 38 36 33 29 29 29 29
20% Cr 7689 0.46 22 0.635 . 22 22 22 22 24 24 26 29
15% Cr, 10% Ni 7865 0.46 19 0.526
18% Cr, 8% Ni 7817 0.46 16.3 0.444 o 16.3 17 17 19 19 22 26 31
20% Cr, 15% Ni 7833 0.46 151 0.415
25% Cr, 20% Ni 7865 0.46 12.8 0.361
Tungsten stedl:
0% W 7897 0.452 73 2.026
1% W 7913 0.448 66 1.858

5% W 8073 0.435 54 1525




10% W 8314 0.419 48 1.391
Copper

Pure 8954 03831 386 11.234 407 38 379 374 369 363 353

Aluminum bronze: 95% Cu; 5% Al 8666 0.410 83 2.330

Bronze: 75% Cu; 25% Sn 8666 0.343 26 0.859 e .

Red brass: 85% Cu; 9% Sn; 6% Zn 8714 0.385 61 1.804 .. 59 71 e

Brass: 70% Cu; 30% Zn 8522 0.385 111 3412 88 128 144 147 147

German silver: 62% Cu; 15% Ni; 22% 8618 0.394 24.9 0.733 19.2 31 40 45 48
n

Constantan 8922 0.410 22.7 0.612 21 222 26
Magnesium

Pure 1746 1.013 171 9.708 178 171 168 163 157

Mg-Al (electrolytic): 6-8% Al; 1-2% Zn 1810 1.00 66 3.605 . 52 62 74 83 . . . .
M olybdenum 10,220 0.251 123 4.790 138 125 118 114 111 109 106 102 99 o2
Nickel

Pure (99.9%) 8906 0.4459 90 2.266 104 93 83 73 64 59
Ni-Cr

90% Ni; 10% Cr 8666 0.444 17 0.444 171 189 209 228 246 ...

80% Ni, 20% Cr 8314 0.444 12.6 0.343 123 138 156 171 180 225
Silver

Pur est 10,524 0.2340 419 17.004 419 417 415 412 ... ...

Pure (99.9%) 10,524 0.2340 407 16.563 419 410 415 374 362 360
Tin (pure) 7304 02265 64 3.884 74 659 59 57 L .
Tungsten 19,350 0.1344 163 6.271 . 166 151 142 133 126 112 76
Zinc (pure) 7144 03843  112.2 4.106 114 112 109 106 100 93
Diamond

Natural (Type 1a)® 3515 0.510 800 45 1500 900 600

Synthetic (polycrystalline) 3515 0.510 2000 110 6000 2200 1300
Aluminum oxide

Sapphire®® 3980 0.758 40 1.326 125 46 26 18 14 12 9 8 7.5 8

Polycrystalline® 3900 0.752 30 1.02 .. 13 ... . 6
Silicon carbide® 3200 0.670 50 2.33 40 34 30 25
Silicon nitride® 3200 0.710 30.7 1.35 27 23 20 18 ...
Titanium carbide™ 6000 0.543 55 1.69 32 28
Titanium diboride® 4500 .. 75 . L ..
Tungsten carbide™ 15,100 0.205 102 33 97 92 82 ..
Graphite® 1900 0.71 178 13.2 112 62
Nylon® 1140 1.67 0.25 0.013
Reinfor ced nylon® 1420 .. 0.22-0.48 .
Teflon® 2200 1.05 0.24 0.010 . . . . ...
Silicon oxide (glass) 2200 0.8 1.25 0.08 1.05 125 14 16 18

Source: Ref 7




(a) Materials are anisotropic and values vary with crystallographic orientation.

(b) Single-crystal synthetic material.

(C) Tyé)ical pro_perties of bearing-quality materials. Ceramics are hot pressed or sintered. These properties are representative and depend on detailed composition
and processing.



If both bodies are of the same material, the thermal contact coefficients are equal. Thus, b, = b, = b, and Eq 12 becomes:

Ti=1.13- (uﬂ)
L (Eq 14a)
|V = Wl - (b))

where T;isin °C.

By utilizing Hertzian contact theory (Ref 3) to relate load and contact geometry to pressure:

T1=249 u-pg? - |V — V3
.(_‘E‘. )‘ - (Eq 14b)
E,
or.
w 14
Tr=063-p (I)
(Eq 14c)
— E.-I. |.'-'|
WA= W() e

in which:

E. = E/(1-V9) (Eq 15a)
where E is Young's modulus (in N/m?) and v is Poisson's ratio, and

1 e |
R_I:Rl + RJ (Eq 15b)

where R is the equivalent radius, in meters, of convex to convex (+) or concave (-) undeformed surfaces; and py is the
maximum Hertzian contact pressure (in N/m?). Note that the coefficients 1.13, 2.49, and 0.63 are associated with a
uniform heat flux as discussed in the section "General Contact Analysis' in thisarticle.

Should the components have different bulk temperatures, Tb1 and Thz, let:
TC:Tf+Tb:TF| + Thy =Tfz + Ths (Eq 16)

thus permitting, where T. isin °C, Eq 12, 144, 14b, or 14c to still be used for determining T, provided T, in Eq 11 or 16 is
replaced with:

To=Thi + (Tbz - Tby) - (n+1)* (Eq 17)

where T, isin °C and n is determined from Eq 10b. It should be noted that the corrected heat partition factor in this case
becomes:
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(Eq 18)

For the situation in which surface i is stationary (Pe < 2), Blok (Ref 8) suggests that the maximum flash temperature, in
°C,Is

Qi
Ty = m (Eq 19)

where Q; is the rate of heat supplied to body i. Coupled with the moving body relationship of Eq 8, a frictional heating
assessment can be made via the method discussed in the section "Circular Contact Analysis with One Body in Motion™ in
thisarticle.

Circular Contact Analysis with One Body in Motion. Figure 2 illustrates a convenient model for flash
temperature estimation (Ref 7), where a protuberance on body 1 forms a circular contact area of radius a with the flat
surface of body 2. While this model is useful in representing two general surfaces forming an apparent area of contact, it
istypically associated with the real area of contact formed by a pair of spherical asperities. This does not involve any loss
of generality because the static contact of two rough surfaces is, to within a good degree of approximation, equivalent to
the contact of a smooth surface and a rough surface with a composite roughness (Ref 9).

Body 1

Fig. 2 Schematic showing key parameters required to estimate flash temperature using a circular contact
model with a single contact area. Body 1 is stationary, while body 2 moves relative to the contact area. See
text for discussion. Source: Ref 7

Body 1 is assumed to be stationary, whereas body 2 moves relative to the heat source or contact area with velocity V..
Considering a uniformly distributed heat flux, g = da, over the contact width 2a, Eq 8 can be used to establish the
maximum flash temperature of the moving surface. By using a thermal-electrical resistance analogy, Holm (Ref 10)
determined that the maximum flash temperature (in °C) of the stationary surfaceis:



5
Ti = ————
e (Eq 20)

where Q; represents the rate of heat supplied to the stationary body of thermal conductivity k;.

By equating the maximum flash temperatures of the respective surfacesin contact through Eq 8 and Eq 20, and assuming
equivalent bulk temperatures with atime of contact t, equal to 2a/V.,, the fraction of the total heat entering the stationary
body 1is:

Ky
Y= Eq 21
T kL + 0627 kq (Vs - alDy)'? (Eq 21a)
Hence, from Eq 20, the maximum flash temperature(in °C) for usein Eq 11 is:
W- Vv,
=y opr——— (Eq 21b)
mea-ky

where W is the normal contact load (in N), k; is the thermal conductivity of body i (in W/m - °C), D, is the thermal
diffusivity of body 2 (in m%s), and V, is the velocity of surface 2 (in m/s).

Should the components have different bulk temperatures, Tb1 and Thz, the maximum contact temperature, T, (in °C),
can be established using Eq 16, 21a, and 21b, provided:

Tp=Thi +(Tbz - Tb1) - (s+ 1) (Eq 22a)
where:

s=1.60 - (Vs - a/D2) 2 - kilky (Eq 22b)
Although this situation utilizes Eq 21afor "Y' ;, the portion of heat withdrawn by surface 1 is adjusted as follows:

5 | ( . )
gy 1 T, — T
A (5+|.) Wi N

weoa-k
wWVs

(Eq 23)

The analyst is reminded that should both surfaces be moving (Pe = 2), the theory for the moving surface is applied to both
bodies as described in the section "Line Contact Analysis with Two Bodiesin Mation" in this article.

Average Flash Temperature Estimation via Heat Partitioning. Upon frictional heating, the average surface
temperature over a given real area of contact, T, (in °C) can be expressed as:

To=Tti+ Th (Eq 24)

where Tf- reflects the average surface temperature increase of body i from its bulk temperature, Thbi. For a stationary
body (case 1), subjected to a uniform circular heat source of radius a, Holm (Ref 10) reports that the average flash
temperature (in °C) is:
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where Q, represents the rate of heat supplied to body 1 of thermal conductivity k;. For acomponent (case 2), moving with
velocity V, past the uniform circular heat source, the average exposure time will be (a - m)/(4 - V,) (Ref 11). Applying this
parameter to Eq 8, the average flash temperature (in °C) is:

— 3 34
T, = —2 : (Eq 26)

ks 'r"rg td

where Q, represents the rate of heat supplied to body 2 of thermal conductivity k, and diffusivity D..

In the model of Fig. 2, surface 1 is assumed to be stationary. By assuming equivalent bulk temperatures, the average flash
temperatures of the respective surfacesin circular contact may be equated. Through Eq 25 and 26, the fraction of the total
heat entering the body 1 will be:

ky
Y= Eq 27
ki + 0.785 k (V - alDy)'2 (Eq 272)
Hence, from Eq 25, the average flash temperature for usein Eq 24 is:

WV,
da - ky

T, =1 (Eq 27b)

Average Flash Temperature Estimation via Contact Size. Archard (Ref 12) considered special cases where the
contact size is determined by either elastic or plastic deformation utilizing the model of Fig. 2. Surface 1 is assumed to be
stationary, with both bodies composed of thesame material. If the deformation is plastic, the contact radius, a (in meters),
is:

a= [‘L] " (Eq 28a)

™M

where py is the flow pressure or hardness of the materia (in N/m?) and is about three times the yield strength of the
material in uniaxial compression (Ref 13). If the deformation is elastic:

W-R 173
a=109] [T:l (Eq 28b)

where R is the undeformed radius of curvature of body 1 (in meters); and E, = E/(1 - V?), where E, isin N/m? and E is
Y oung's modulus and v is Poisson's ratio.
Assuming both bodies are of the same material and bulk temperature, Archard suggests th?t at very slow speeds (Pe <

0.2), the total rate of heat flow, Q, is divided equally between both bodies; thus, Q; = Q, = ( 2)Q. At very high speeds (Pe
> 200), practically all the heat is supplied to the moving body 2; thus Q, = Q. Therefore, at high and low speeds, the

following relationships result for an average flash temperature, T (in°C), given Eq 25, 26, 283, and 28b:

Plastic deformation, low speed (Pe < 0.2):



Ti=p —F—";k‘*‘ w2, v, (Eq 29a)

Plastic deformation, high speed (Pe > 200):

- [ oy
n:umauﬁ%w"d-v}“ (Eq 29b)

Elastic deformation, low speed (Pe < 0.2):

s INFE NP
Tr=10.3u (—)( H) - WL vy (Eq 29c)

Elastic deformation, high speed (Pe > 200):

12
Ti=0 .‘h‘:nu( ,.'._ )(‘E"v) - Whi. yii (Eq 29d)
Vkpe

By equating the stationary and moving flash temperature relationships of Table 1 for a given contact geometry, transition
Péclet numbers of 2.5 and 4.0 result. This suggests that, for ease of analysis, a body of Pe < 2 may be considered "low

speed” or fixed. For values in the range of 2 <Pe <200, a representative value for 1'; may be obtained by taking an
average of the low-speed and high-speed flash temperatures cal culated using the appropriate deformation condition in Eq
293, 29b, 29c, and 29d.

Correlation of Experimental Data with Calculated Values

Griffioen, Bair, and Winer (Ref 14) have measured surface temperatures using an infrared scanning camera. In operating
from rolling to dliding, with loads resulting in Hertzian contact pressures of 2.0 GPa (290 ksi), data have been obtained
under starved and lubricated conditions.

Temperature fluctuations as high as 2000 °C (3600 °F) were observed in an unlubricated contact between a silicon nitride
pin and a sapphire disk that was subjected to a load of 8.9 N (0.91 kgf) with a dsliding speed of 1.5 m/s (4.9 ft/s).
Temperatures of this magnitude suggest that the local material undergoes extensive property changes, thus complicating
any frictional heating cal culations employed.

Measurements confirmed the power dependence of the flash temperature on normal contact loads as noted in the results
of the section "Average Flash Temperature Estimation via Contact Size" in this article (that is, for low speeds [Pe < 0.2],
the temperature rise was proportional to W?? and at high speeds [Pe > 10], the temperature rise was proportional to W?).

The power of dependence on sliding speed was found to be less than that in theory (0.7) versus 1.0 for Pe < 0.2 and 0.21
versus 0.5 for Pe > 10). This may have been the result of one or more of the following factors:

In the experiment, there was lubricant surrounding the contact zone, which may cause more cooling
than accounted for in theory

Presence of alubricant layer may cause an unaccounted-for temperature difference between the surface
and lubricant in which the energy dissipation occurs



Coefficient of friction decreased with sliding velocity whereas theory assumes it to be constant

The measured maximum temperature of the moving surfaces in the diding-lubricated case agreed well with the calculated
values. When both surfaces were moving, the measured maximum temperature correlated well with the calculated
average temperature.

Factors Limiting the Accuracy of Calculations

Attempts to improve the accuracy of calculations associated with frictional heating have occurred utilizing a variety of
analytical methods, with suppositions built upon the basic concepts of the section "Idealized Models of Sliding Contact"
in this article. From the fundamental contributions of Jaeger (Ref 15), to the unique approximations of Ling (Ref 16, 17),
Francis (Ref 18), Lim and Ashby (Ref 19), and others, dliding contact analyses have progressed, although they are limited
by the complexities of the equations that result. Consequently, the generalizations that follow can be of significance when
addressing alternative designs.

Effect of Transient Temperature. Using the model of Fig. 2, the contact of a stationary circular asperity (surface 1)
of radius a creates a heat source with the moving surface of a relatively larger body (surface 2). Because the primary
interest is the temperature in the immediate vicinity of the contact, the rest of the surface is assumed to be insulated.

From the governing differential equations (Ref 1), Fig. 3 was developed to show that the surface temperature behaves as a
~1/2

function of time, t. Presented in nondimensional terms of temperature (kT/ga), position (r/a), and time (F 0 ), thefigure

2

confirms that a steep temperature rise near the center of the source is established rapidly (for example, F 0 ~1). (Note

S1/2
that Fo, the Fourier modulus, is equal to D; - t/a as discussed in the section "Heat Source Time" in this articl e) At F 0
~5, the center temperature is ~95% of the steady-state temperature, whereas the temperature at a distance r/a =5 isonly
~l/2
50% of its steady-state value. Steady-state in the vicinity of the source is reached at F 0 ~10. Similar results were
reported by Barber (Ref 20) and Greenwood (Ref 21) using asymptotic analysis.
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Fig. 3 Plot of surface temperature versus radial position of circular contact as a function of time. Time is



expressed in terms of Fourier modulus, Fy. Source: Ref 1

Recalling that the circular contact analysis discussed in the section "Circular Contact Analysis with One Body in Motion"
in this article was based on a steady-state heating duration, results could differ if the mean effective time for the moving
surface is equal to the time (in seconds) the heat source exists. That is:

t = (Fo - @9)/D- (Eq 30)

Substituting this heat source time into Eq 8, and equating the mean temperatures of the moving and fixed surfaces, the

heat partition factor 7Y 1, associated with the total frictional heat input to the fixed surface becomes a function of Fo. For Fg
~0 (Ref 11):

k)
B ky + k> V'T]]J"ﬂg

Y1 (Eq 31)

Effect of Surface Layer. A surface film with different thermal and mechanical properties than those of the substrate
will affect the frictiona heating behavior at a sliding contact. It will not only affect the coefficient of friction, but may
also affect the dissipation of thermal energy. By modeling a rotating layered cylinder, Gecim and Winer (Ref 22) closely
approximated the thermal condition of the semi-infinite body (surface 2) of Fig. 2. Subjected to a "small" heat source,
while incorporating a film depth &, the body is assumed to be moving at a rate sufficient for Pe > 100.

Figure 4 was developed from the governing differential equations (Ref 22) to show how the surface temperature may
behave as a function of the thermal contact coefficients of the substrate (bg) and film (bx). Presented in nondimensional

form, the plot gives an indication of the surface temperature rise with the film, Tfw to that without the film, Tfw.. (Note
that Tfwa is computed utilizing the models discussed in the section "ldealized Models of Sliding Contact" of this article.)
The horizontal axis is associated with the product of the dimensionless film thickness and the square root of the Péclet

number. Expressed as (5/Ro) - [(VRo)/(2 - D)]¥?, Ry represents the surface radius (with film), V the surface velocity, and
Ds the thermal diffusivity of the film.
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Fig. 4 Surface layer temperature graph showing effect of substrate (b;) and film (bf) thermal contact
coefficients on surface temperature. Angular contact width, "113'0, is 0.05 rad. Source: Ref 22

For an angular contact width ®, = 0.05 rad (which is typical of a cam, gear, or rolling-element bearing contact), results
suggest that for the thin-film/low-speed condition, thermal penetration goes well below the film into the substrate; thus,
film thermal resistance becomes insignificant, and the temperature ratio approaches unity. For the thick-film/high-speed



case, the temperature rise is confined within the film; hence, the flash temperature is inversely proportional to the thermal
contact coefficient of the film alone. As a result, the temperature ratio approaches the ratio of the thermal contact

coefficients, bybr. Recall from Eq 13 that b = (P - ¢ - k)2, where Pis the density; c is the specific heat; and k is the
thermal conductivity of the appropriate material.

Limitations of Calculations. As suggested in this work and by the reviews of Blok (Ref 23) in 1970 and Kuhlmann-
Wilsdorf (Ref 24) in 1987, frictional heating calculations are quite imperfect because they are typically not well defined
and vary greatly in time and place. This occurs no doubt because of the lack of knowledge about many of the underlying
assumptions.

A number of factors affect the presence of thermal energy from frictional resistance. Such parameters as velocity and
normal load are measurable. However, material properties are constantly changing, particularly when exposed to high
temperatures and heavy loads. Changes in the coefficient of friction, which enters the flash temperature computation to
the first power, must be considered. Difficulties also arise when attempting to quantify the real area of contact, given its
relationship to the sharing of load among contact spots that vary in size, number, and hardness.
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Laboratory Testing Methods for Solid
Friction

K.G. Budinski, Eastman Kodak Company

Introduction

THE MEASUREMENT OF FRICTION FORCE and the calculation of the coefficient of friction are often warranted for
many tribosystems. Such testing is particularly critical for brakes, clutches, and similar power- and motion-control
mechanisms where the friction force must be known and controlled. If the friction characteristics of a system are
somehow changed, the results can be disastrous. For example, continuous braking of an automobile on a steep incline can
lead to "glazing" of the brake pad materia: the surface overheats and chars, forming a material with friction
characteristics different from those of the bulk, and the resulting friction coefficient may be much lower than the design
coefficient of friction. Consequently, the brakes may not work at the extremes of operating conditions. Thus,
manufacturers of brake and clutch facings must know the friction characteristics of their material against the counterfaces
it will meet under all operating conditions. This holds true for manufacturers of many different products that experience
friction, including flooring and tires.

In machine design, friction characteristics must be known for friction drives, for sizing motors, for determining work
forces, and for designing any part of a machine where changes in forces between sliding members could affect operation.
Friction is not a measure of wear or the tendency to wear; therefore, it does not determine service life. Frictional heating
sometimes causes a machine part to fail, but this usually occurs when circumstances create abnormal friction effects. To
emphasi ze the importance of friction in machine design, it is estimated that one-third to one-half of the world's energy
production is wasted through friction (Ref 1).

This article will describe the numerous techniques used to measure friction. The objective is to provide sufficient
information so that a person who has never conducted a friction test can do so. Following a brief description of the
historical development of friction testing, the tests and equipment currently available for friction testing and the
precautions that must be taken to ensure valid test results are discussed. The final sections of this article describe how to
report data and how these data may be entered into a database.

Historical Development of Friction Testing Techniques

Research into the history of tribology suggests that Greek philosophers were familiar with the concept of friction.
However, Leonardo da Vinci originated the basic precepts of friction, the basic laws, and the tests used to measure and



study friction (Ref 2). Da Vinci's sketches of friction testing apparatus (Fig. 1) were made circa 1495. He used these
devices to show that friction force is dependent on the force pressing two bodies together and that it is independent of the
apparent area of contact between the two bodies. Da Vinci essentially introduceij the concept of afriction coefficient. Hle

found that the ratilo of the friction force (F) to the pressing force (N) was about 4 ; consequently, he suggested that F = 4

N. The value of 4 is fairly accurate for the materials that da Vinci tested (wood, stone, hemp rope, bronze, and so forth)
under conditions of low speed and low normal forces.

Fig. 1 Schematics of friction-measuring devices based on early work of Leonardo da Vinci

In about 1750, the mathematician Euler developed the concept of an actual friction coefficient: = F/N. He also
introduced the concept of static friction, which states that when a block is on an inclined plane, the tangent of the angle at
which motion startsis the static coefficient of friction:

is=tan 0 (Eq 1)

From this point on, two types of friction (static and kinetic) and two friction coefficients (the static {5 and the kinetic #,)
had to be considered. The static coefficient was measured in the inclined plane test, and the Kinetic was measured using



one of da Vinci's devices. Essentially the same situation exists today, except that electronic force-measuring systems may
allow determination of static and kinetic friction forces on the same device in the same test.

Research in the early 19th century on the effect of lubricants on friction suggested that friction in lubricated systems
depends more on the nature of the lubricant than on the nature of the materials that are in sliding contact (Ref 2). Later in
that century, the Petrov equation was developed, which related the friction coefficient of a lubricated journal-bearing
couple to the viscosity of the lubricant and the operational conditions of the bearing (diameter, velocity, length, and
normal force). Asshownin Fig. 2, this equation states that:

(=)

wherer isthe shaft radius, | is the bushing length, '/is the viscosity of the lubricating fluid, N is the shaft velocity, ¢ isthe
film thickness, and P is the normal force.
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Fig. 2 Petrov equation for the coefficient of friction of a lubricated tribosystem. See text for details.

A significant amount of reseach on rolling friction was also conducted during the 19th century. It was learned that the
friction of tires on surfacesis afunction of the surface hardness, but a separate test for rolling friction did not emerge. By
the start of the 20th century, the friction tests shown schematically in Fig. 1 were the most commonly used, and the
situation remains nearly the same today.

Friction Models

There have been many models proposed for use in calculating coefficients of friction from system properties (Ref 3, 4, 5,
6, 7, 8, 9, 10, 11, 12); however, with the exception of the Petrov equation, most are not widely accepted. The Petrov
equation suggests that friction in a lubricated system is a function of the system conditions and the nature of the [ubricant.
Using this model, which appears to work for the case of plain bearings, lubricant properties rather than friction are
measured. The most accepted model for determining the coefficient of friction between solid surfaces is probably that
proposed by Bowden and Tabor (Ref 5):



Bk = (Eq 3)

3
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where #, is the kinetic friction coefficient, Sis the shear strength of asperity junctions, and H is the bulk hardness of the
softer material in the couple.

The Bowden-Tabor model is an extension of the asperity contact theory, which originated around 1930. Proponents of
this theory believe that the tribological interaction between conforming solids is controlled by what happens at the
point(s) where asperities on one surface make contact with asperities on the other surface. The term "asperity” usually
refers to the microtopological features of a surface. Surface roughness is the most common surface property studied in
conjunction with the asperity contact theory. The problem with this theory is that the equation assumes that the strength of
the surface asperities is known. This information is not available and is not easy to determine experimentally. Most users
of this model employ the bulk properties of the material (bulk shear strength). However, sliding conditions can obviously
affect the strength of surface asperities. For example, at any dliding interface there is heating due to friction forces. This
heat could affect the properties of asperities, and lower-strength materials--especially plastics--will obviously be affected
(Ref 9, 11, 12). Also, it is well known that strain rate affects mechanical properties, and surface asperities may behave
differently and different diding speeds (coinciding with different strain rates).

The deformation theory of friction proposed by Bikerman (Ref 4) suggests that friction force is a function of path length
and the work of deformation of surface asperities during relative motion:

f = kwd (Eq 4)

where k is aconstant that depends on the mechanical properties of the two solids, w is the width of disturbed material, and
d is the depth of disturbed material. This model seems intuitively correct. It simply states that the friction force is the
force required to deform materials on the surface of a sliding member. This is essentially the same as the Bowden-Tabor
model, but, in this case, everything is unknown. A potential user of the model knows neither the area of deformation nor
the material constant.

Many other models have been proposed for calculating the coefficient of friction, but they invariably involve the use of
information that is not readily available in handbooks or databases. The alternative is actual measurement of friction
coefficients.

Friction Testing Techniques

Every high school physics class usually performs laboratory tests on an inclined plane to demonstrate the concept of
diding friction. The inclined plane, as demonstrated by da Vinci, remains one of the more commonly accepted techniques
for measuring friction. Other techniques used to measure coefficients of friction are also modifications of concepts
developed by da Vinci. Popular methods for measuring friction forces are shown in Fig. 3.
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Fig. 3 Schematics of current friction-measuring concepts

In theinclined plane test (Fig. 3a), one member of the couple of interest is placed on the plane and the plane istilted until
the object startsto move. The tangent of this critical angle isthe static coefficient of friction, = tan f.

The problem with this technique is that it does not simulate many real-life tribosystems. Machine designers do not design
systems that involve only inclined planes. Friction is a system parameter. A single material does not have a coefficient of
friction; even a material pair does not necessarily have a coefficient of friction. Only when a material is mated with
another material (or more than one material) and some type of dliding motion is present in the system can the coefficient
of friction be measured. To be valid, afriction test should simulate the system of interest.

Figure 3(b) is classified as a "capstan test" because its principle is employed in capstans used to hold lines under tension.
This friction test has utility when the system under study involves a belt, cable, rope, or web diding over a roll or
cylindrical surface. It simulates slip of plastic films on rolls during manufacturing operations, slip of belts on drive
sheaves, or other practical engineering systems involving this type of tribosystem. It can be used to determine both static
friction and kinetic friction, and transducers can be used to measure T; and W. In highspeed web handling, common
practice is to place load-sensing idler rolls on either side of a system of interest (Ref 13). These rolls come in many sizes
and often detect tension through strain gages mounted at the base of a cantilevered beam that supports the roll.

When using this type of system, it is important that the slip over the test roll simulate the service conditions. If aweb is
being transferred at 10 m/s (33 ft/s), the dlip of the web on an idler (nondriven) roll will not be 10 m/s (33 ft/s), but some



fraction of this (usually less than 10%). The actua dlip at a roll can be measured by instruments on the web (footage
meter) and on the roll (tachometer). The difference between the two measurements yields the dip, and friction tests
should be performed at this dslip speed. It is also important to ensure that the surface textures on the cylinder (roll) and
web duplicate the conditions in the system of interest.

The system illustrated in Fig. 3(c) can be any system where motion of one member is produced by aload cell. Pulling a
block on aflat surface with aload sensor yields the friction force F in the basic friction equation, F = #N.

In wear studies, it is common practice to restrain a member with aload cell; the friction coefficient is calculated from this
measured forced (Fig. 4). This is probably the most common method of measuring friction force. Although there are
countless variations of this test, most devices use a force sensor that is essential a calibrated spring. This spring has a

spring constant that determines the sensitivity of the system; there is probably some damping associated with the system.
A free-body diagram of aded friction tester is shown in Fig. 5.
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Fig. 4 Use of load cells for measurement of friction force
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Fig. 5 Free-Body diagram of a sled friction tester

Certain system parameters can affect the results of afriction study. All that is measured is the friction force, F, by means
of an electrical signal or a mechanical device. Both types of sensors have elastic and damping characteristics that can
affect the measurement. The major concern is static friction. If the pulling system shown in Fig. 5 were replaced by a steel
rod, which would have much smaller time-dependent strain behavior, the system model could be ssimplified as shown in
Fig. 6. The measured force would still involve the elastic properties of the stedl rod (spring a), but any time-dependent
component of the friction force would come from the system under study, that is, the elasticity, a, and viscous behavior,
b, of the surface contacts.

N {normal force)

AN b

F {pulling £ |
- pulling forca
e Mass —Nﬁh——h
——

b

N’ \supporting force)

Fig. 6 Free-body diagram of a sled friction tester with a nonelastic driver

Friction Nomenclature

Terms such as "static friction," "kinetic coefficient of friction,” "stick-slip behavior," and "lubricated friction,” commonly
used in tribology, are discussed below. Additional friction terms are defined in the "Glossary of Terms" in this Volume.

Static Friction. Thisterm was originally defined by Amontons in 1750. In current practice, the coefficient of friction is
defined in ASTM G 40 (Ref 14) as the "dimensionless ratio of the friction force between two bodies to the normal force
pressing these bodies together." The static coefficient of friction is defined as the "friction coefficient corresponding to
the maximum force that must be overcome to initiate macroscopic motion between two bodies." Amontons stated that in
an inclined dliding-plane system, this number is equal to tan f, the angle of inclination of the plane. Thisis till the case.
When friction force is continuously monitored during a diding test, a force-versus-time curve similar to the one shown in
Fig. 7 is produced.
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Fig. 7 Friction force recordings that are constant with time

If the force sensor detects an internal spike at the start of the test, such as F' in Fig. 7, this force is used to calculate the
static coefficient of friction. The force F is used to calculate the kinetic coefficient of friction. An important consideration
in a friction test is wether the internal force spike (F' - F) is due to the diding system or is the result of eastic or
viscoelastic behavior in the force-measuring system. Researchers who study static friction purposely produce motion on
the movable body with a highly elastic system; for example, in aded test, the line that pulls the sled is made of nylon or a
similar low-modulus (E) material. If the pulling line were made of steel, there would be a significant buildup of "line
stretch" before motion started. If there is a buildup of spring deflection, as in the model in Fig. 6, there will be an inertia
spike caused by the basic rule of physics (force = mass x acceleration, or F = ma) when motion starts. The force reading
F will sense a component from a higher acceleration a than would be seen if there was no buildup of spring deflection
(line stretch) before motion commenced. In other words, an initial spike in a friction test can arise from spring effect or
sticking of the two surfaces, or it can arise from inertia effects from the system used to produce motion:

FSmeasured = Feicking + Finertia (Eq 5)

The F«ixing between surfaces can result from reactions between surfaces, from interlocking surface features, or from other
more subtle phenomena such as van der Waals forces, cohesion of surface films, and even microscopic solid static
junctions between surfaces.

Static friction can be rea or can be a product of the measuring system. Recommended practice for dealing with static
friction in testing is to make the test model the system under study. If aninitial force spike is observe, there will probably
be one in the service application. If a system under study involves elastic components, a high-elasticity force-
measurement system should be used.

Kinetic Coefficient of Friction. Addressing the remainder of the force-versus-time curve, the question arises as to
what value should be used in measuring kinetic friction. Taking the example in Fig. 7, there are force variations that are
normal in amost any sliding couple. The curve may even increase or decrease with time, as shown in Fig. 8.
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Fig. 8 Friction force recording that varies with time

ASTM G 40 (Ref 14) defines kinetic coefficient of friction as the "coefficient of friction under conditions of macroscopic
relative maotion between two bodies." This definition does not specify whether force F or F' or an aternate measurement
shown in Fig. 8 should be used. This aspect of friction testing is left to the investigator, but it is recommended that the
force number that typifies the system under study be used. If the goal of the study is determination of the friction
coefficient of a part sliding down a track, and it takes 30 s for the part to do so, the force values should be averaged for
that increment of time: (F" - F)/2 + F. If the study is concerned with friction during steady-state wear of a system after
break-in and during normal running, it would be advisable to use the force readings after 10 h or even 100 h of dliding.
Enough tests must be run to determine the steady-state force. If the system will wear in service, it may be desirable to
measure the friction coefficient in a wear test. Wear debris between sliding members will undoubtedly affect the friction
characteristics of the system.

In some standardized laboratory tests, it is customary to record the coefficient of friction after specified intervals of
diding. This provides a friction-versus-time profile and may be preferable to a fast test involving one stroke of a test
device. Some investigators use computer acquisition of friction data, programming the computer to average kinetic
friction over any time increment. Some test devices simply take the maximum force rendered in a test and use this as the
force for static coefficient. This practice is not recommended, as the maximum force may be at the end of the test (see
Fig. 8). Again, the system to use is the one that best simulates the actual system under study, but the investigator must
always determine which force should be used for friction calculations.

Stick-Slip Behavior. At one time or another, everyone has encountered a squeaky door hinge that creaks when the
door is opened slowly. Thisis likely a manifestation of stick-dlip behavior. ASTM G 40 (Ref 14) defines stick-dlip as "a
relaxation oscillation usually associated with decrease in coefficient of friction as the relative velocity increases." In more
descriptive terms, stick-dlip is the jerky motion that sometimes results when one object is dlid on another. If a mass is
being pulled by aline, the mass will stick, then rapidly move, then restick, and so on. Under such conditions, a friction-
versus-time recording may resemble that shown in Fig. 9.
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Fig. 9 Friction force recording for a system displaying stick-slip behavior

There may or may not be a friction force spike to suggest a static coefficient of friction. Stick-slip behavior in a sliding
system is indicated by an obvious jerky mation, which can be recorded in a friction force versus time trace. Noise in
dliding systems often results from stick-dlip behavior.

One way of dealing with the coefficient of friction in a system that exhibits stick-dip behavior is to calculate the
minimum and maximum coefficients by using F and F' in Fig. 9 and then noting when stick-dlip occurs. In Fig. 9, F"
could be used to calculate the static coefficient of friction. Some investigators simply ignore the numbers and state " stick-
dlip behavior," meaning that the kinetic coefficient of friction is not particularly meaningful for the system under study
because the system produces erratic motion under the test conditions.

Sometimes stick-dlip behavior results from the testing system. As discussed previoudly, a high-stiffness-movement
system attached to the sliding member may eliminate this phenomenon. In general, if stick-dip occurs in a system under
study, the test should include means of eliminating this type of behavior.

There is disagreement over the mechanism of stick-slip behavior. Some researchers believe that it occurs when the kinetic
coefficient of friction is higher than the static coefficient of friction. Some say it occurs when the friction-versus-vel ocity
plot has a negative slope (Ref 15). This is what friction recordings apparently indicate about the process, but this is not
really the mechanism. Intuitively, the mechanism is probably the spring behavior of the system shown in the model in
Fig. 5.

The contacts between two bodies exhibit elastic behavior, and there may be some viscoelastic behavior depending on the
materials involved. In laboratory sled tests, it appears that stick-dlip occurs when a sufficiently high spring force builds up



in the nylon pulling line. The specimen then moves rapidly to unload the spring (pulling ling); it comes to rest when it
reaches the spring deflection (line stretch), and the process begins again. What causes a material to do thisis afunction of
the nature of the contacting materials, including adsorbed films, surface topography, the chemical nature of the surfaces,
conformability, and contact stress.

Lubricated Friction. If sliding members are fully separated by a film of lubricant (oil, water, gas, and so forth), the
friction coefficient of the system is essentially the friction coefficient of the fluid. When boundary lubrication exists, the
surfaces are partially in contact, and the coefficient of friction of the system is a function of the combined properties of
the fluid and surfaces. When dry-film (solid) lubricants are used, the friction coefficient of the system may be related to
the properties of the dry-film lubricant slipping on itself or to those of an uncoated solid on the lubricant film. Lubrication
with graphite, molybdenum disulfide, or fluorocarbons is an example of this (see the article "Solid Lubricants’ in this
Volume).

With fluid separation, the friction coefficients can be severa orders of magnitude lower than for systems that involve
solid contact. The Stribeck-Hersey curve shown in Fig. 10 allows calculation of the coefficient of friction from lubricant
properties (IN/P), where fis the viscosity, N is the velocity, and P is the pressure (load). Empirical measurement of
friction in film-separated systems is complicated by the need to maintain the fluid separation. With oils and greases, it
usually involves testing at high velocities. If circumstances alow, the use of a friction coefficient calculated from the
fluid parametersisinfinitely easier.
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Fig. 10 Example of a Stribeck-Hersey curve for determining the friction coefficient from lubricant properties

Standard Friction Tests

A number of organizations have developed standard tests for measuring coefficient of friction. These tests vary greatly in
type and purpose.

ASTM Standards and Specifications. Table 1 lists tests that have been standardized by ASTM. Some are directed
toward a particular application or material, while others are for general evaluation of materials. The B-9 Committee
standards deal with the types of composite friction materials used for clutches and brakes. The C-5 Committee standard is
essentially a checklist of considerations for conducting coefficient of friction tests on carbon/graphite types of materials.



These considerations apply to most friction studies, and this standard is a suitable reference for any novice in the field of

friction.

Table 1 Selected solid friction tests per ASTM standards

Note: Used with permission of the G-2 Committee on Wear and Erosion
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The D-20 Committee friction test for plastic film versus other solids is a general type of test. A plastic film is placed on a
platen, and then a sled, faced with a material of interest, is pulled on the surface. Although not covered in the standard,
this same test works well for coated metal, sheet metal, and paper. The test uses a nylon pull line; thus, the previously
mentioned system-elasticity considerations apply.

The D-21 Committee standard is very specific to floor finishes. It uses an apparatus (the James machine) that simulates
the friction contact between shoe heels and soles and flooring. This same device is used for the friction tests developed by
the F-13 Committee on footwear. The D-7 Committee standard on flooring addresses the friction coefficient of flooring
and sole leather. All of these tests use a sample pulled by a chain. This reduces system elasticity and stick-dlip behavior.

The D-2 Committee test on the block-on-ring machine is redly a calibration test for the machine and is not intended for
comparison of materials or lubricants. However, the apparatus described in the standard is widely used for wear testing.
The test specimen is held by a friction-force transducer. ASTM G 77 describes the use of this machine for wear testing,
and this standard can be used to conduct sliding wear tests on a wide variety of materials. The coefficient of friction
measured in awear test on this machine will be for worn surfaces. The lowest normal force that can ordinarily be applied
in this machine is 45 N (10 Ibf). The normal force is sufficient to generate damage in most materials. The only way that
friction can be measured on unworn surfaces on this machine isto minimize revolutions of the counterface ring.

Therig illustrated for use in the D 3028 test standard is commonly called a "frictionometer." One test specimen is a 100
mm (4 in.) diam by 6.4 mm (0.25 in.) thick disk and the other isa 2.5 mm (0.1 in.) wide disk with an outside diameter of
20 mm (0.8 in.). The larger disk can rotate up to 200 rev/min. The smaller nonrotating disk is spring-loaded against the
larger disk. The spring force is variable, and the spring provides the normal force between the two disks. The test is
normally run in an accelerating and decelerating mode. The rotational speed of the larger disk is increased up to the
desired termina velocity; the speed is then slowly reduced to zero. As the friction force changes, the position of the
nonrotating disk changes. At the start of atest, it may be at the 12:00 position. When the friction increases, it may move
to the 1:00 position, then to the 2:00 position, and so forth. This position change is sensed by the location of a pointer on a
protractor-type scale, and a coefficient of friction is determined from the number that is indicated on the scale. Friction
force is measured mechanically--essentially by the rotation of a pendulum weight.

The frictionometer is easy to use, is capable of diding speeds up to 6 m/s (20 ft/s), and can be adapted to measure the
friction of afilm versus the nonrotating disk. This device is especially useful for measuring the friction between plastics
and metals under light loads and high velocities. This device is somewhat confusing in that the friction coefficients
measured during increasing velocity often do not match the friction coefficients measured during the decreasing velocity



portion of the test. This may be due to some mechanical attribute of the machine, or it may be what actually happens at
the surface.

The D 3108 test for yarn versus "solid materials' uses the capstan formula for measuring friction. If there is zero friction
between the yarn and the sheave with the pointer on it (Table 1), the yarn tensions T, and T, will be the same. As the
friction increases, the pointer sheave will rotate. The degrees of rotation are measured, and this number is used to
calculate the coefficient of friction. This device is essentialy dedicated to yarns and similar materials sliding over a
curved surface at relatively high speeds (100 m/min, or 325 ft/min).

The D-6 Committee tests (D 3247 and D 3248) are sled and inclined plane tests, respectively, using classic measurements
and equipment. These standards apply to self-mated cardboard. The D 3334 test is a similar classic inclined plane test for
measuring static coefficient of friction. It applies to self-mated woven polyolefins, but could be used for other fabrics.

The D 3412 test, which is an extension of the D 3108 test, allows testing of self-mated yarns. The yarn is wrapped tightly
on acylinder. A single strand of yarn is then wrapped 180° around the yarn-wrapped cylinder; one end is attached to a
load cell, the other to a dead-weight mass. The yarn-covered cylinder is rotated, and the friction coefficient is calculated
using the capstan formula.

Specification D 4103 is not a friction test, but rather a specification for preparing vinyl and wood surfaces for friction
testing. This is the same procedure used to prepare polish-coated (waxed) samples of wood and vinyl for the D 2047
"walking" machine friction test.

The E 303 test measures the friction of rubber versus concrete and similar paving materials. A block of rubber is attached
to a pendulum similar to those used in impact tests. There is a preset amount of interference between the rubber and the
sticky counterface. The pendulum is released; the arm swings, strikes the counterface, and the follow-through swing after
the rubber strike is measured. The higher the friction, the more energy adsorbed and the shorter the back-swing after
impact.

The E 510 test measures the effect of pavement finishes on the traction of tires. The desired finish is put on a sample of
concrete, and two "go-cart"-size rubber tires are driven on it. The concrete disk is kept stationary by a torque-measuring
arm. The end result is a number that relates to the coefficient of friction between the tires and the pavement.

The E 670 test is not a laboratory test, but instead requires pulling a trailer-type device fitted with three full-size tires.
Two of the tires are at an angle different from the direction of tow. As aresult, the tires skid when towed. Water is aso
directed at the pavement/skidding tire interface. The coefficient of friction between the pavement and the skidding tiresis
measured by the force that the trailer exerts on the trailer hitch of the pull vehicle. This procedure allows fullsize tires to
be tested on awide variety of pavement surfaces.

An alternate test of the E-17 Committee on traveled surfaces is a pendulum (E 707) that calls for water to be applied to
the pavement sample and a small rubber tire attached to the pendulum. The test result is a variable speed number, but this
number is areal measure of the friction between the tire and the pavement.

Specifications F 489, F 609, and F 695 are similar to the tests used for floor finishes; however, their purposeisto evaluate
shoe soles and heels. The tests were developed by the F-13 Committee on footwear and use the James machine, which
simulates walking.

Test F 732, developed by the F-4 Committee on medical and surgical materials, uses a reciprocating flat-on-flat material
couple and is intended to simulate motion in human joints. The test is used to evaluate candidate couples for prosthetic
devices. It is run submerged in bovine blood to simulate body conditions. The usual couples are plastic-to-metal, but
many other systems have been tested.

Non-ASTM Standards. Other organizations such as the American National Standards Institute (ANSI) have also
developed friction test standards. If a material under study is commonly under the jurisdiction of a particular standards
organization, that organization's applicable standards should be used. For example, the photographic film industry
frequently adopts ANSI and International Organization for Standardization (1SO) standards. Thereisan ANSI test for the
static coefficient of a film in contact with a metal surface. Whenever possible, standard tests should be used. They have
been agreed upon by peer groups and subsequently approved by representatives from many industries. Using such
standardized tests increases the likelihood of producing valid results when compared with in-house tests.



Performing a Valid Test

The procedural considerations that should be addressed to ensure that valid data are derived from a friction test will be
discussed in this section. Investigators often run afriction test that is convenient to use but that has no resemblance to the
system under study. Friction is a system property, and systems must be modeled carefully (same materials, same
treatments, and so forth). Other factors that can affect the validity of a friction test include sample preparation, method of
friction measurement, and interpretation of data.

System Modeling. Essentially three types of geometries prevail in systems where friction is a concern. These include:

Flat-on-flat
Conforming surfaces (belt on adrum, plain bearings, and so forth)
Hertzian contact

These systems are illustrated in Fig. 11. It could be argued that when wear occurs, all surfaces become conforming. This
is true for all systems but those where the triboelements remain Hertzian in contact. For example, railroad wheels wear
significantly in service, but they still contact the track in a Hertzian manner by line or point contact. With regard to wear
of the dliding surfaces, this may be the most important aspect of modeling a tribosystem. If the system under study will
wear, and it is the desired goal of the study to determine the friction characteristics under conditions of steady-state wear,
friction should be measured in awear test. If the system of concern will not change with time, a friction test that does not
involve wear can be conducted. Figure 12 shows how wear can affect friction forces. Figure 12(a) illustrates the friction
force variation with time for a system that does not experience any wear or changes in behavior when wear occurs. If, for
example, paper is conveyed over afixed roller with a smooth finish, it is highly likely that the friction force will remain
the same as the roller wears by polishing abrasion, and the friction force will be constant with time, as will the nature of
the tribosystem. The roller constantly wears, but the surface is always polished. The wear debrisis carried away with the
product, and nothing in the system changes. This statement must be qualified by noting that the environment (humidity,
temperature, and so forth) may cause friction to change with time. Environmental effects are discussed later in this article.
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Figure 12(b) illustrates a tribosystem where the friction force increases with time and then reaches steady state. This type
of behavior might occur in a system experiencing severe wear. Friction is low when both members have their original
surfaces. When the original surfaces start to wear, friction increases, and from that point on, the worn surfaces remain the
same. It is comparable to a machining operation in that material is constantly being removed, but the cutting forces
remain constant.

Figure 12(c) illustrates a system where the friction force varies with events in the wear process. This type of behavior
often occurs in a tribosystem where wear debris remains in the system. Depending on how it separates the surfaces, wear
debris can have a lubricating or nonlubricating effect on the system. The friction will be constant when the triboelements
have their original surfaces; when they wear, there will be a friction event followed by another when both surfaces
become coated and are separated by wear debris. Because wear is a statistical process, some other event may take place to
remove the separating wear debris, and till another cycle or friction event will occur. This phenomenon is seen in many
machines. The machine may run quietly for a year, but then a squeal occurs that lasts for two weeks and then stops. The
noise may come back in two months, or it may never return. It is quite possible that significant fluctuations in friction
force with time are the result of environmental events. For example, it is well documented that the friction characteristics
of photographic films are significantly affected by relative humidity. Photographic emulsions are gelatin based. Many
gelatins have mechanical properties that are directly proportional to their water content. Mechanical properties vary with
humidity, and these property changes in turn affect friction characteristics. Temperature has a similar influence on many
materials, particularly plastics.

The illustrations shown in Fig. 12 are presented in order to emphasize that it is important to closely model the system
under consideration. The test should simulate the mode of contact and the environment, and the length of time that the
system is tested should be typical for the intended service. If new materials are being screened for friction characteristics,
short-term and long-term tests should be conducted to explore friction events that change with time. If a service problem
is being studied, the test should simulate the important aspects of the service, the environment, the type of contact, and the
materials. It is not necessary to exactly duplicate the dliding speed and load unless they are likely to change some
properties of the test materials (temperature, chemical environment, and so forth).

Material Documentation. Problems concerning repeatability of a friction test with time can be related to subtle or
major changes in the nature of one of the tribocomponents. For this reason, it is important to provide adequate
documentation of the materials in a tribosystem where friction measurement is the goal. As shown in Table 2, the
necessary documentation varies with the type of material (metal, plastic, ceramic, or composite).

Table 2 Material parameters that should be documented to ensure repeatability when testing tribosystems

Metals

Chemical composition

Manufacturer's name and address

Manufacturing process [wrought (cold finished or hot finished), cast, extruded, etc.]
Generic designation

Trade name (if applicable)

ASTM or similar designation

Condition of heat treatment

Surfacefinish

Surface treatments

Grain direction

Microstructure

Plastics

Polymer species (If a blend, stateratio of blended polymers)

Fillers, lubricants, and so forth (per centage)

M anufacturing process (injection molded, extruded, cast)

Generic name

Applicable specifications (MIL, ASTM, and so on)

Trade name and manufacturer's number

M anufacturer's name and address

Process used to generate wear surfaces, orientation of wear surfaces to original shape (wear surfaces flatwise on as-molded
flatwise plate, wear surfacesareend grain in extruded shape, and so on)
Lubricantson the surface or in the material

Surface texture of wear surfaces (R,, lay, waviness)




Heat treatments applied

Composites

Detailed description of composite components (filament winding details, number of plys, componentsin laminate)
Generic name and applicable specifications on composite components
Trade names of components

Manufacturer's name and address

M ethod of manufacture

How wear surfaceswer e generated

Orientation of wear surfacesto reinforcement

Heat treatments

Surfacetexture (R,, lay, waviness)

Surface treatments, lubricants, mold releases, and so forth

Ceramics

Basic type and composition

Per cent theor etical density

Manufacturer's name and address

Trade name

Manufacturing process (HI P, vacuum sintering, chemical vapor deposition, and so on)
M ethod used to gener ate wear surfaces (grinding, polishing, and so on)
Texture of wear surfaces (R,, lay, waviness)

Heat treatment

Surface treatments

Grain size

Microstructure

M or phology (degree of crystallinity, phases present, crystal structure)
L ubricants/impregnants

More items undoubtedly could be added to Table 2, but the point to be made is that al of the variables that have been
mentioned thus far could have an effect on diding friction. If the surfaces are lubricated, the tester must add related
details of the type of lubricant and its distribution on the diding surfaces. It is imperative that documentation on all
members in the tribosystem be included. It is quite easy to cite examples where each of the factors listed in Table 2 has
affected friction results in laboratory tests; more importantly, these factors influence friction properties in service. Heat
treatment, structure, and so forth can affect mechanical properties; surface films affect diding forces; surface texture
affects early friction; a cast polyester will have different mechanical properties than a tentered and drafted polyester web;
a hot isostatically pressed silicon carbide will have differentmechanical properties than pressed and sintered material. The
tester should be meticulous about material documentation.

Surface Condition. Few tribologists will argue with the statement that friction can be affected by surface condition. If
the loads are light enough, only the outer one or two monolayers on the surface may take part in diding interactions. In
lubricated systems, surface roughness plays arole in determining whether the surfaces are separated. Full-film separation
will not occur unless the film thickness is greater than the surface roughness. Even with hydrodynamic lubrication, there
are some investigators who claim that the system friction is affected by the surface roughness and lay (Fig. 13). In the
normal range of roughnesses on rolling-element bearings and plain metal bearings (0.1 to 1 #m R,), it is likely that
surface features do not significantly affect lubricated diding. In nonlubricated dliding, the effect of roughness can be
negligible to significant, depending on the system (Ref 16). With normal machined surfaces with a roughness less than
about 1.5 Hm, the effect will be slight. Roughness becomes a meaningful factor when the roughness interactions result in
mechanical locking effects. This usually happens only with very rough surfaces. Sometimes, very smooth surfaces cause
adhesion--for example, gage blocks or plastic webs on smooth surfaces. Conversely, in some applications such as high-
speed dliding of yarns and filaments over stationary guide pins, the friction coefficient is low when the pin surfaces are
rough (0.5 to 2 #m R,) and becomes very high when the pins become polished from wear.
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Fig. 13 Effect of surface roughness on the friction coefficient of a lubricated sliding system. Adapted from Ref
16

A valid wear test considers the effect of surface texture. For many systems, the effect is not significant. If, however,
surface texture is considered a variable for a given wear study, a few quick tests using the high and low of the expected
range of surface texture will determine whether this is a parameter to be pursued in afriction study.

Surface films are important in most tribosystems, especially unlubricated systems. The recommended practice in friction
testing is to leave the films in place if they are likely to occur in the tribosystem of interest. If they are not part of the
system of interest, they should be removed by cleaning. Valid wear results require that a cleaning procedure be used that
will remove contaminants and not leave another contaminating film. The cleanest surface is the as-machined or as-ground
surface (without coolants and the like). These types of surfaces prevent cleaning-solution contamination problems. If
metal surfaces must be cleaned of contaminating films, then a refluxed solvent system should be used. Plastics are
difficult to clean with solvents because of the risk of chemica alteration of the surface. Commercial glass-cleaning
solutions have been employed to clean plastic test surfaces with favorable results. Ceramics can also be cleaned by these
solutions. Sometimes even water-based cleaners can chemically alter a ceramic surface. The safest technique for
removing contaminants on ceramicsis dry lapping or similar abrasive finishing.

Absorbed films from the atmosphere can be another source of contamination. To cite an example, many plastics were
tested in a comprehensive laboratory as a track material for conveyance of plastic parts. Test results indicated that an
ultrahigh-molecular-weight polyethylene had the lowest friction. Hundreds of feet of this track were installed in the
manufacturing plant, but within a month the track was pulled out and replaced because of an environmental factor that
had not been considered during laboratory testing. Although there were no problems with the track during the week when
there was a three-shift operation, after the weekend, parts would stick to the track with great frequency. Only after several
hours downtime and frequent "nudging” of the parts would the system begin working properly. Further study indicated
that when the track material was allowed to sit idle for a period of 48 h, some type of film formed that deleteriously
altered the friction characteristics.

This example points out the importance of carefully duplicating the system environment, even to the extent of allowing
surfaces to sit idle in production environments. Many manufacturing plants have an atmosphere that can leave a
condensate on a surface. If thisis likely to occur in a tribosystem under study, then it should be made part of the friction
testing.

Test Parameters

Friction test parameters, such as speed and load, should be as close as possible to actual conditions. Sometimes, however,
it is difficult to simulate these parameters in a laboratory environment. The speeds and loads may be out of the range of
the lab equipment, or testing at actual conditions may take too long. A valid friction test does not require that speeds and
loads be exactly duplicated. Friction coefficients are relatively insensitive to speed and loads up to the point where these
parameters affect the properties of the test surfaces. Speed will affect friction results on most metals when it is sufficiently
high to soften the surface and ater mechanical properties. With plastics, this temperature may be only a few hundred
degrees Fahrenheit. With metals, the critical temperature is close to the stress-relief temperature for a given alloy.



Sliding speed for afriction test can range from 10 mm/s (0.4 in./s) for an inclined plane test to 100 m/s (325 ft/s) for high-
speed yarn friction tests. For optimum results, test equipment should yield a wide range of diding speeds. If the actual
operating speed is unusually high or low, unique friction conditions may be produced that can be simulated only by test
speeds in the range of concern. For example, alaboratory study was conducted on plastic and competitive plain bearings
for a compact-disk drive scanner that had to slide (bushings versus hardened steel shafts) in alinear motion at a speed of
1.6 1m/s (0.00006 in./s). This slow speed caused many materials to display stick-slip behavior. When higher speeds were
used, this did not occur. Under such conditions, the speed of the tribosystem should be duplicated as closely as possible.

The same type of reasoning should be applied to test loads. If a system under study uses loads of only a few grams, this
should be duplicated. If the system under study is subject to extreme forces, such as those that occur in threaded fasteners,
there is little recourse other than to use these very high forces. When studying bolt friction, most investigators use actua
bolts and nuts and a washer equipped with a strain gage for measurement of bolt tension. This is because of the difficulty
in obtaining a bench-top friction tester that can apply a 45 kN (10,000 Ibf) normal force.

As arule of thumb, if it is not possible to smulate the service load, then the highest load that does not exceed the
compressive strength of either member in the test couple should be used. This is particularly applicable to Hertzian
loading situations. If the compressive strength of the material is exceeded, the friction test only yields the forces to
plastically deform the surfaces. Test speeds and loads that produce significant wear should be avoided unless that is part
of the tribosystem under study.

As previously mentioned, friction force may not be constant throughout atest, and questions may arise asto the value that
should be reported. The most meaningful data are the minimum, the maximum, the mean, and the standard deviations.
This allows the use of statistical analysis to determine wether friction coefficients for various systems are redly different.
Erratic systems such as that described in Fig. 12(c) will be treated with statistics. In friction tests were the goa isto find a
couple with the smoothest motion, a suitable test parameter for ranking materials is the standard deviation of the friction
force. This shows the variability of the friction forces for the various systems. In fact, for al friction tests it is
recommended that statistical tests be used. The simplest test of differencesisillustrated in Fig. 14. If the mean of test data
is plotted with error bars coinciding with plus or minus two standard deviations, a visua test of differences can be made.
If the error bars overlap, the test results are not statistically different. In Fig. 14, couples B, C, and D have the same
frictional characteristics; only couple A differs.
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Fig. 14 Graphical use of statistics to show differences in friction coefficients between various material couples

Sample size must also be considered in statistics tests. There are a number of ways to calculate sample size, but most
statisticians prefer a large number (for example, 40) of replicate tests. Because most friction tests are very repeatable
within a laboratory, this number may be a bit high. Most studies using a bench-top friction tester can have statistical
accuracy with asfew as 10 replicates per system.



Friction Measurements

There are a number of precautions that must be observed during friction measurements, and most have to do with the
measuring equipment. Some of the more commonly used force-measuring systems are illustrated in Fig. 15. Probably the
most important consideration with regard to instruments for measuring friction forces is selection of a force-measuring
system that is suitably sized for the task. If the tribosystem being tested will produce friction forces of about 4.5 N (1 Ibf),
it is recommended that a force-measuring system with a capacity of only about 45 N (10 Ibf) be used. In other words, a
sensor with a capacity not more than 10 times the force to be measured should generally be selected for a given
application.
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Fig. 15 Friction force sensors. (a) Strain ring with strain gages. (b) Strain gage load cell. (c) Mechanical force
gage. (d) Inclined plane. (e) Web tension tester (tension is measured by the position of the weighted sheaves)

The strain ring illustrated in Fig. 15(a) is assembled in the laboratory and features four strain gages adhesively bonded to
the ring to form a Wheatstone bridge strain rosette. This type of system can be very accurate, because the ring can be
made a heavy or as light as desired. The disadvantages are that such gages are more fragile than purchased gages, and
humidity and temperature can affect the adhesion of the gages. This system also requires assembly by a person with some
expertise in strain gages.

The commercially available strain-gage load cells shown in Fig. 15(b) are quite durable. Most have some type of internal
diaphragm that is instrumented with stain gages. However, these devices can be destroyed by a momentary load greater



than its capacity, necessitating expensive replacement. Many companies offer these gages with mechanical stops to
prevent overload damage.

Mechanical force gages (Fig. 15¢) work much like strain gages, except that force measurements are made by a spring and
diding system arrangement. The greatest disadvantage of such devices is that they have no recording capability. They are
also prone to inaccurate readings by operators.

Friction coefficients measured on inclined planes (Fig. 15d) require only the measurement of the angle at which motion of
the test block occurs. The most common technique for measuring this angle is the simple incorporation of a protractor
scale in the device. A more accurate system uses an electronic level on the inclined plane. These devices have digita
readout capability and are much more accurate than visual assessment of the angle of an inclined plane. One precaution in
using this type of device is that the speed at which the plane is raised will affect the breakaway angle. The more reliable
inclined plane rigs have a motorized raising device on the table.

The device illustrated in Fig. 15(e) is commonly used to measure the friction coefficient of a moving web over a
stationary surface or over aroll where relative slip is occurring. The tension in the web on either side of the test roll will
yield the coefficient of kinetic friction when the capstan formula is used. The tension-measuring roll, called a "dancer
roll," moves up and down with changes in web tension. The disadvantage of these systems is that they are not very easy to
gage electronically, and thus continuous recording mae be difficult. Most dancer rolls are being replaced by cantilever
rolls with strain gages incorporated in their mounting brackets.

Whichever force-measuring technique is used, it is most important that the device be sized correctly and that friction
forces be recorded over a sufficient period of time to ensure that steady-state conditions exist.

If an electronic device is used to measure and record friction force, the recording system is of concern. The current trend
is to use computers to record friction and wear results from test machines. When friction force is digitized, however, the
electronic force sensors do not miss any forces; the resulting "hash” in the friction recording may make it difficult to
measure averages and ranges and other parameters for dtatistical data analysis. Although most systems can be
electronicaly filtered, the consensus at the present time is that digitizing of friction forcesin friction or wear tests creates
too many complications. The filters in strip-chart recorders apparently provide adequate noise filtering and thus
reasonable measurements of friction force.

The final precaution that warrants consideration is the system stiffness. If a system is prone to stick-dlip behavior or high
static friction, a highly compliant force-measuring system should be used. From a practical standpoint, an elastic force-
measuring system usually consists of nylon fishing line to pull member A along member B. If a stiff-movement system
such as a screw drive is used to produce specimen motion, phenomena such as stick-slip behavior may not be produced.
The decision as to whether a high-stiffness (steel) or low-stiffness (plastic) system should be used must be based on the
intended application. If the tribosystem of interest is highly elastic, the plastic-movement system should be used. If the
system isrigid, the screw-drive system (or asimilar system) should be used.

Reporting System Losses

A proposed method for analyzing wear problems is to look at the tribosystem and tabulate all of the system inputs,
outputs, and disturbances (Fig. 16). Friction is considered to be a system loss, but certain components of friction should
be noted and recorded. From the aspect of system usability, sometimes these system losses are more important than the
friction force. For example, in a study on the wear of various cemented carbide couples, it was learned that some carbide
couples produced squealing. The friction coefficient was dightly higher than comparable metal-to-metal couples (about
0.5 compared with 0.4) and the wear was very low, but this couple was deemed unacceptable for use because of the noise.



—

| Ensrgy input Sliding sys1am | Wiear
Load Camponents |matenals) | ‘Woar debris
Valocity | | Almosphare | Modilied contact geomatry

Timaidistance T T | Transiar
I — | Component geomatry L e N
| Typa of mokion
f_ 1 Enargy output
Disturbances [ F_r;_"un
Hial .
Wikwralion ‘ mn::rm
Contaminans | -‘thﬂ""l "
Unanlicipated mobon | — E‘::hf:ﬂﬂﬁ ris
= | Surace alteration
Gialling

| Spizum

Fig. 16 Systems approach for analyzing friction and wear problems

In Fig. 16, important losses include vibration, elastic deflections, heating, surface ateration, galling, and even seizure.
Vibration as an output of a sliding system often indicates that stick-dlip behavior is prevalent. Noise is often the result of
stick-dlip behavior, but a system that exhibits such behavior does not necessarily emanate noise. Although vibration may
not be apparent on friction force traces, it may show up on deflection or displacement transducers. This type of behavior
from a dliding system is usually undesirable. Accurate measurement of vibration may require the use of accelerometers on
one of the members of the diding system.

Likewise, elastic deflection, which can occur at a dliding interface, may not show up on the friction force recordings; this
deflection may mean that the couple under study has unacceptable frictional characteristics. For example, when several
elastomers that were undergoing friction tests were slid on a paper counterface, they bent over in the direction of motion;
the contact geometry was changed from the point contact of a hemispherical rider to a line contact of a bent
hemispherical-ended rod. The friction force was apparently high enough to cause this deflection.

Although heating is an obvious result of friction between diding members, it is often not measured. The temperature rise
is often significant, and it is easy to measure. The mechanical properties of plastics are susceptible to degradation by
heating to relatively low temperatures. The temperature rise at a diding interface is the result of the properties of the
materials in contact in addition to the dliding conditions. It will be different for different couples that may have the same
friction coefficient. Therefore, for sliding systems that may be affected by frictional heating of the interfaces, a valid
friction test should record the temperature rise.

Surface alteration is another important aspect of many wear and friction tests. Whenever wear occurs in a diding test, the
friction coefficient is not that of the test couple alone, but it is the system that comprises the couple as well as wear debris
in the interface. When wear testing couples that are not supposed to wear during friction testing, it is important to
examine both surfaces for alterations. Damage often may be caused by polishing or scratching. When friction aters the
prevailing surface texture, a wear test has been performed, not a friction test. The friction force measured and the
coefficient of friction must be reported for aworn surface.

Galling and seizing are the worst possible results of a friction test. Galling is characterized by the formation of
microscopic cumulative material transfer during sliding, and seizure (stopping of motion) can be the net result. If a couple
seizes, there will be no friction coefficient to report, but merely the fact that the couple seized. If galling occurs, the
friction force will often decrease (Fig. 17), but the surfaces will be damaged. This can produce data that misleads a user,
who may think that the couple works fairly well because the friction coefficient was low, when actually galling occurred
and the material coupleis not compatible.
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Friction Databases

The first friction database was compiled by J.T. Desagulies around 1725 (as reported by Dowson in Ref 2). Desagulies
tabulated the friction coefficients for the couples of interest at the time. Current handbooks tabulate data for 50 or so
materials, with limited documentation regarding test conditions. These tabulations are of little use if the application
requires knowing a friction coefficient within an accuracy of +0.2. Differences in the tribosystem used to make the
measurements can, for example, produce a result of 0.1 for a couple on device No. 1 and a result of 0.3 for the same
couple tested on device No. 2. It can be stated with a high degree of confidence that measuring techniques will have a
significant effect on the friction coefficient of a particular couple in the unlubricated condition. Differences may exist in
lubricated systems, but the coefficients will be much lower and an accuracy of +20% results in a much smaller number.
For example, well-lubricated steel couples may have a kinetic coefficient of friction of 0.05 (x20% makes the number
0.04 to 0.06). In other words, existing friction databases have limited utility unless the test conditions used to develop the
data are stated and the application conditions are similar.

In order to determine how friction databases should be formulated and used, ASTM Committee G-2 on wear and erosion
began developing a standard format for friction databases in 1987. Although this work is ongoing, progress has been
made as to the type of datathat should go into databases. The minimum results to be reported are:

Test couple (member 1 and member 2)
Static coefficient of friction
Kinetic coefficient of friction

The minimum test condition information includes:

Apparent pressure

Normal force

Velocity

Temperatures (bulk) of samples

Test atmosphere

Lubricant

Sliding distance (when Hwas measured)

Other types of datawould also be desirable, but even the ASTM-recommended list is difficult to deal with in database or
spreadsheet types of software. The strategy is to have these data in a database so that selective data can be tabulated (see



Table 3). The motivation for establishing friction databases is the elimination of repetitive tests. Even within a single
laboratory, it is not uncommon to see the same couples brought in for study several times over a period of severa years.
Without a database, the tests are rerun each time. The long-range goal is to have published data that can be used by design
engineers in the same way that designers use corrosion data generated by countless sources over many years.

Table 3 Friction and wear data of selected plastics tested against polycarbonate containing 12%
polytetrafluoroethylene

Plastic® Kinetic Specific wear rate
coefficient of  of selected plastic,
friction, K x 10%"
PC 0.19 7.00
PC + PET 0.19 7.26
PCTG +30% GF 0.36 9.00
PET +30% GF 0.27 9.00
PET + 30% GF + mica 0.29 8.00
PC + 10% aramid 0.09 4.00
PA + 10% aramid 0.08 0.80
PA +15% aramid + 10% TFE _ 0.07 0.50
L CP wear grade 0.10 2.00
LCP + mineral 0.07 0.60
PC + 40% aramid 0.18 9.00
PC/IPN + 2% aramid 0.15 2.00
PC + 20% aramid 0.20 7.00
(a) PC, polycarbonate; PTFE, polytetrafluoroethylene; PET, polyethylene terephthalene; GF, glass fiber; PA, polyamide;
LCP, liquid crystal polymer; IPN, interpenetrating networks; TFE, tetrafluoroethylene.
(b) Parameters: friction force, F, 9.86 N (2.20 Ibf); velocity, V, 0.208 m/s (0.682 ft/s); diding distance, D, 732.0 m (2402
ft)
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Friction during Metal Forming

Betzalel Avitzur, Metalforming Inc.

Introduction

FRICTION exists in any metal-forming process. Whenever two solid surfaces are in contact and relative motion, a
resistance (friction) to this motion arises. Friction is the last frontier in the study of metal forming. For example, in the
process of wire drawing, independent parameters such as reduction and die angle can be measured directly. Friction,
however, is not directly measurable, nor isit really an independent parameter. Y et in many metal-forming processes, the
effect of friction is asimportant as that of measurable independent parameters.

During wire drawing, a wire slides over the conical and cylindrical surfaces of adie (Fig. 1). If no lubricant is used, there
is direct metal-to-metal contact between the wire and the die. The pressures between the die and the wire are very high
(approximately equal to the flow strength, o of the wire). The relative motion, together with high pressure and high
friction resistance, results in the generation of heat. The relative movement of the mating surfaces causes them to be
damage by wear. Buildup of foreign matter over the surface of the dieis also possible.
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Fig. 1 Schematic of wire drawing or extrusion processes

No surface is geometrically perfect. Surfaces contain irregularities that form peaks and valleys. Thus, contact between the
die and the workpiece is maintained over limited portions of the apparent interface. The apparent area of contact is the
total area, but the actual area of contact is limited to that between the peaks of the opposing asperities (Fig. 2). If the
pressure (p) is defined as the total force (W) divided by the apparent cross-sectiona area (A), the local pressure at the
points of contact can be much higher (Ref 1). The asperities flatten under the pressure, and the area of flattened asperities
adjusts itself to carry the load by plastic deformation of the asperities, even when the bulk of the workpiece is in the
elastic state.
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Fig. 2 Schematic of surface irregularities

Surface irregularities and their behavior during sliding, together with the lubricant and surface chemistry, are key factors
in the characterization of friction and wear. Figure 3 illustrates some of the various modes of asperity deformation
behavior. The steady-state wave model, which is shown schematicaly in Fig. 3(b), is described in the Appendix to this
article. This model provides explicit expressions for the characterization of friction resistance as a function of pressure
(Fig. 44), speed and Sommerfeld number (Fig. 4b), and surface geometry. Terms commonly used in metal-forming
operations are defined in Table 1.

Table 1 Nomenclature for friction in metal-forming processes

A Cross-sectional area

f% Percent forward slip in strip rolling

{, Length of the asperity

L Length of the bearing (land) of the die

m Constant shear, or friction factor

p Pressure

r% Percent reduction in area

Ro, R Original and final radius of awire

Ro Radius of therall in strip rolling

R,, R, Ry Outer, inner, and neutral radius, respectively, of adeforming ring
S Sommerfeld number

to, & Original and final thickness of the strip

Ty Thickness of adeforming ring

Vo Sliding velocity

W Total normal load

[_.irff Friction power losses

I_n'[;i Internal power of deformation

I-‘ifrs Shear or redundant power of deformation

¥ Semicone angle of the die

¥, Angle of inclination of the asperity (the wedge)
¥, (¥, (¥, Angular positions, respectively, of: an arbitrary point; the neutral point; and the point of contact




¥ Shear strain rate

£ Thickness of the film of lubricant

n Viscosity

H Coulomb's or Amonton's coefficient of friction

0, Flow strength

0 Shear stressin the liquid

T Extrusion pressure with its negative sign (that is, F , = -p); also back tension
o Drawing stress or front tension

T Shear stress

AT, Reduction in thickness
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Fig. 3 Schematic of asperity deformation behavior
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Modeling of Friction

The difficulties in the determination of the friction value lie in the complexity of the phenomena (Fig. 4 and 5, and
Appendix ) and in the inability to accurately measure shear stresses. Therefore far-reaching approximations, as will be
described presently, are used to describe friction behavior during metal forming. These approximations deal with apparent
friction rather than with the fundamental phenomenon. One of the consequences of this approach is that friction must be
measured separately for each forming process. Under presumably identical conditions of surface finish and lubrication,
wire drawing will produce different friction values than strip rolling. As a result, when friction during rolling is to be
determined, the rolling process must be simulated. The same holds true for the other metal-forming processes.
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Fig. 5 Relative drawing stress as a function of semicone angle and friction factor (m). See also Eq 4.

Standard practice in the study of metal forming is to assume that the resistance to sliding along the interface between the
tool and the workpiece is uniform aong the entire contact surface. The most common simplifying assumptions made with
regard to friction stress (7) between the workpiece and the tool involve Coulomb friction, constant friction, and
hydrodynamic-, hydrostatic-, and thick-film lubrication.

For Coulomb friction, it is assumed that the shear stress (7) is proportional to the pressure (p) between workpiece and the
die. It follows then that:

T=Hp (Eq 1)

where the proportionality factor (#) is called the Coulomb coefficient of friction.

For constant friction, it is assumed that the shear stressis proportional to the flow strength of the workpiece material, and
T= mg'ol\/g (Eq 2)

where the proportionality factor (m) is called the shear (or friction) factor, with 0<=m<1. The factors (#) and (m) are
assumed constant for a given die, workpiece, and lubricant.

When a lubricant film separates the workpiece from contact with the die, hydrodynamic or hydrostatic film lubrication
prevails together with its special laws of shear within the lubricating medium. Sometimes high-viscosity lubricants adhere
to the workpiece, resulting in thick-film separation of the workpiece from the tool. Film lubrication may also separate the
workpiece from the die on the entry side to a smaller or larger extent. At the extreme, the entire workpiece is separated



from the die by this lubricant film. Under such conditions, the parameters #or m are replaced by the viscosity of the
lubricant (71), where stressin the liquid (77s) is expressed as

T=0s= MY (Eq 3)

where Tisthe shear strain rate within the lubricant.

In the section of this article on "Measurement of Friction,” the determination of friction is described for forging, wire
drawing, and strip rolling. For each of these processes, the apparent friction is determined experimentally through the
application of analytical solutions. The experimental data is treated by the mathematical expression of the relation
between the parameters that were measured and the sought friction. In each technique a minimal use of instrumentation is
required. All these assumptions for the characteristics of friction--namely Coulomb's’Amonton's coefficient (4), constant
factor (m), and film lubrication (’/)--are treated. An iterative procedure can also be implemented when friction and
pressure depend on each other, are solved simultaneously, and their distributions along the contact surface are treated as
variables. Bay (Ref 2) gives such atreatment for the extrusion process.

Modeling of Flow through Conical Converging Dies

In the process of wire drawing, awire is pulled through a converging die where its size is reduced from Ry to R; (Fig. 1).
Passing through the die, the wire rubs against the conical and cylindrical surfaces of the die and encounters friction
resistance. The effect of friction on the drawing force and drawing stress during the fabrication of wire through conical
converging diesis discussed in Ref 3, 4, 5, 6, 7, 8, 9, 10, 11. The characteristics of the die and the flow patternsin Fig. 1
are common to wire drawing, open-die extrusion, and hydrostatic extrusion. A typical solution presented in Ref 12
expresses the relative drawing stress (7 /o) as a function of the input parameters, including the constant friction factor
(m), asfollows:

2l = 2 W+ W+ W (Eq 4)
o0 ag

where ¥ ; and @, are the front and back tensions, respectively, and where

. Ry
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is the contribution of the internal deformations,
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is the shear or redundant power term,

. R
We = - micot a)ln —=

V3 Ry

isthefriction term along the conical surface of the die, rxis the semicone angle of the die, and
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The characteristics of Eq 4 are presented in Fig. 5, where the semicone angle of the die (r¥) is the abscissa and the relative
drawing stress the ordinate. Each curve in Fig. 5 demonstrates a minimum at some optimal angle. For angles smaller than

the optima angle, friction losses (1}';) are excessive. Friction losses drop with increasing die angles, but redundant
power losses increase with increasing die angle. Beyond the optimal angle, excessive distortion occurs with increasing die
angles, and the drawing stress increases. The optimal die angle that minimizes the drawing stress is increasing with the
increase in reduction and friction. With higher friction it is advisable to use larger die angles.

More expressions have been derived for the determination of process limitations due to tearing, dead zone formation, and
shaving (Ref 12). When the phenomenon of central burst is analyzed, one finds that increasing friction deters central burst
during extrusion, but promotes it during drawing (Fig. 6).
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Hydrodynamic Lubrication. The analysis of hydrodynamic lubrication by Hillier (Ref 4) offers a smple and
applicable treatment. This treatment, with a slight modification to account for variations in the thickness of the lubrication
film, is presented in Ref 12. The historica development and the state of the art in the application of hydrodynamic
lubrication to wire drawing are described in Ref 5 and 6.

In early studies of the equipment design for analysis of hydrodynamic lubrication (Ref 7, 8), along tube with a narrow
gap between the tube and the wire was firmly attached at the entrance side of the die (Fig. 7). The lubrication adhered to
the wire and was dragged into the clearance between the tube and wire. At about 3 m/s (600 ft/min), the pressure that built
up at the approach to the die reached 70 to 275 MPa (10 to 40 ksi), and the liquid formed a film between the wire and the

die (Ref 7).

Inlet tuba

Profile af lubricant
- velocity inside the
NEFFOW gap

DT____"'\-'

Wire

Fig. 7 Schematic of inlet tube for hydrodynamic lubrication

A method whereby the wire passes through a pressurized chamber (Fig. 8) has been studied by severa investigators (Ref
9, 10, 11). Using this technique, the lubricating liquid is supplied to the chamber at high pressure by external means (Ref
13). The hydrodynamic effect does not depend entirely on the speed, viscosity, or chamber/tube length. With higher
pressure in the chamber, hydrodynamic lubrication can be accomplished with lower velocities and lower fluid viscosities.
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Fig. 8 Schematic of wire drawing through a pressurized chamber

The introduction of hydrodynamic lubrication through a pressure box is shown in Fig. 9. The pressure chamber is inserted
into the soap bin of a conventional wire-drawing bull block. The bin preceding the entrance die to the chamber is filled
with powdered soap. The wire running through the powder supply drags powder into the chamber through the narrow gap
between the incoming wire and the approach die.
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Fig. 9 Set-up for hydrodynamic lubrication with dry soap

When the wire is pulled through the soap, some soap is dragged into the chamber. In the small clearance gap, the soap
powder shears, heats because of this shear, and then melts. Liquid lubricating soap then enters the pressure chamber. The
faster the wire is drawn, the higher are the temperatures and pressures introduced in the chamber causing hydrodynamic



lubrication. A chemical bond between the wire and the molten soap is also produced. As soon as the wire exits the dig, its
temperature drops and the soap freezes and forms a layer on the wire. There is now a layer of lubricant performing the
duties of hydrodynamic lubrication, that is, keeping full separation between the deforming wire and the next five or six
dies. The pressures produced in these chambers, without any external or auxiliary agent, are in excess of 275 MPa (40
ksi).

One difficulty associated with the use of a powdered-soap bin is in maintaining steady drag of powder into the chamber.
Inconsistencies in the particle size and dryness of the powder vary the effectiveness of its adhesion to the wire and the
quantity of powder dragged. At the extreme, a hollow channel in the powder surrounds the incoming wire and no soap is
dragged in. Greater uniformity of the powder and constant agitation (directly or through the box) may improve the
performance. Proper surface preparation also may be called for. A recent development utilizes the conventional powder
spray system with electrostatically charged particles.

With phosphating, the most popular method, a predetermined layer of a spongy phosphate coating is applied to the
surface of the wire electrolytically. This sponge can absorb and retain a large volume of lubrication liquid. Even without
the lubricant, the phosphate sponge provides an effective separation between the die and the workpiece, thereby
minimizing friction and wear.

The average shear stress and the thickness of the lubricant (Eq 9.19 of Ref 12) are:
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When the dimensionless factor "/vi/(Rie7 ) (called the Sommerfeld number) increases from zero, both the relative average
shear stress (7/¢Fq) and the relative thickness of the lubricant (€/Ry) increase. For small values of the Sommerfeld number,
the expected thickness of the lubricant is lower than the surface roughness of the material and the die, and hydrodynamic

lubrication does not prevail. Therefore, for small values of fvi/(Riy), the actual friction is much higher than that
predicted by Eq 5a and 5b (see the Appendix to this article for additional information).

On portions of the apparent contact area, there is actually clearance between the workpiece and the die (Fig. 10). When
lubrication is provided, some lubricant is dragged between the two surfaces by the moving workpiece. As the value of '/
Vil (RetT ) increases, more of the voids between the surfaces are filled with [ubricant. In addition, more of the pressure load
on the workpiece is transmitted through the lubricant, and less load acts to smooth the asperities on th workpiece.
Subsequently there is less actual metal-to-metal contact and friction drops. At a sufficiently high value of "'vi/(Ricro) or
beyond this critical value, enough lubricant is dragged into the interface to cause complete separation of the two bodies.
No metal-to-metal contact occurs, and full hydrodynamic lubrication with low friction exists. A further increase in 7/
Vil (RetF o) will cause a monotonic increase in the friction value and in the thickness of the lubrication layer.
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Fig. 10 Effect of Sommerfeld number on relative shear stress, friction, and lubrication characteristics

The onset of hydrodynamic lubrication is distinctly observable. Nevertheless, even when hydrodynamic lubrication
prevails, afew occasional high spots on the workpiece will contact the die.

If one assumes an arbitrary value for the film thickness (¢/Ry). at the exit as the critical onset value at which

hydrodynamic lubrication commences, then by Eq 5aand 5b, the critical Sommerfeld number for the onset of
hydrodynamic lubrication is:
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from which the critical speed is readily determined. The critical Sommerfeld number decreases with an increase in the
bearing length (L/Ry) or with adecrease in the die angle (¢x) or in the critical film thickness (£/Ry)q.

More detailed information on the phenomenon of hydrodynamic lubrication during flow through converging dies can be
found in Ref 14.

Modeling of Strip Rolling

The following description of rolling is given in Ref 14:

The main purpose of strip rolling, where the width of the strip is much greater than its thickness,
is to reduce the latter. In the following discussions, both rolls have the same radius R, and
surface conditions, are equally powered, and run at the same velocity. They transfer energy to
the strip through the friction between the two bodies [Fig. 11]. Under regular conditions, the



strip moves dower than the roll at the entrance and faster than the roll at the exit, with a neutral
point in between at which both speeds are equal. The friction force acting between the entrance
and the neutral point advances the strip between the rolls, while the friction acting on the exit
side from the neutral point opposes the rolling action.
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Fig. 11 Positive and negative friction directions during strip rolling

As reduction increases, the position of the neutral point approaches the exit. When the maximum possible reduction is
attempted, the neutral point reaches the exit. This situation is very unstable. Any dlight increase in reduction or drop in
friction will cause the strip to stop moving and the rolls to start skidding over the strip. The distribution of the pressure
between the rolls and the strip is described by the "friction hill" in Fig. 11. The peak of the friction hill occurs at the
neutral point.

Hydrodynamic Lubrication. Lubricant is applied at the entrance side of each pair of rolls (stand). At the entrance
side, the layers of lubricant that are in contact with the rolls or with the strip adhere to their respective metal surfaces and
move inward toward the exit. An inlet entry zone, which is shaped as a wedge, also forms. The outer layers of this wedge
move inward and a return flow of lubricant (in the form of an eddy current) occurs between the surface layers (Fig. 12a).
At low rolling speeds, the entry zone wedge is negligibly small. With increasing rolling speeds (or increasing liquid
viscosity or increasing values of the Sommerfeld number) the wedge increases both in thickness and depth. The
Sommerfeld number is:

Viscosity « Strip exit velocit
5= LT ! (Eq7)

ap * I

With increasing values of S the point where metal-to-metal contact between the strip and the rolls is established moves
further toward the exit.
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Fig. 12 The lubrication entry zone (a) and surface irregularities (b) associated with strip rolling

The surfaces of both rolls and strip are not perfectly smooth surfaces in that they contain irregularities in the form of
peaks (or crests) and valleys (cavities) (Fig. 12b). Some lubricant passes from the entrance to exit side through the
labyrinth of channels created by these irregularities. As the strip is deformed, the crests are flattened and the entrapped
lubricant is pressurized in the diminishing volume of the cavities. At slow rolling speeds, the excess lubricant in the
diminishing cavity space is squeezed to flow back into the entry zone. At higher rolling speed, the escape of excess fluid
from the diminishing gap of the labyrinth between the rolls and the strip is relatively slower. The entrapped lubricant is
then pressurized and causes partial separation between the rolls and the strip. At low speed, pressure is transmitted from
the rolls to the strip through metal-to-metal contact. At higher speeds, more of the pressure is transmitted through the
entry zone and through the entrapped lubricant. As the pressure transmitted through metal-to-metal contact is reduced
with higher speeds, the friction is decreased. Eventually, at high speeds, no metal-to-metal contact exists.

When conditions for complete hydrodynamic lubrication are reached (Fig. 13), friction is at its minimum value.
Therefore, with increased speeds, high shear rates are created in the liquid where the shears stress is proportional to the
shear strain rate to the second power, and friction rises at a mild rate. Friction values are much lower when hydrodynamic
[ubrication prevails than when metal-to-metal contact is prevalent.
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Fig. 13 Hydrodynamic lubrication during strip rolling. (a) Overall schematic. (b) Shear in the lubricant film

With increasing speed the friction hill effect is also reduced, and roll separation force and roll flattening become less
pronounced. With reduced roll separation force, the elastic stretching of the mill aswell as roll bending and roll flattening
are reduced, causing the gap between the rolls to decrease. With the increasing thickness of the lubricant film and reduced
mill flexing, the thickness of the emerging strip reduces. The actual gap between the rolls is larger than the thickness of
the strip by twice the film thickness. Because friction drag decreases with increasing rolling speed, the neutral point
approaches the exit and forward dlip is reduced.

Two critical points may now be reached. The first is skidding due to insufficient friction drag while the second is the
establishment of hydrodynamic lubrication. If the strip is thin enough, hydrodynamic lubrication is reached first and
skidding will not develop. When speed continues to increase after hydrodynamic film lubrication is established, friction
drag and forward dlip, which have already reached their respective minimum points, begin to increase (seelines1to 4 in
Fig. 14). For increasing values of strip thickness (lines 2, 3, and 4 in Fig. 14), the forward slip decreases and the critical
value of roll speed at which the neutral angle and forward slip reach a minimum is increased. The values of the neutral
angle and forward slip at which hydrodynamic lubrication begins increase with increasing thickness values.
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Fig. 14 Forward slip and position of the neutral point versus rolling velocity. See text for explanation of
numbered curves.

At a critically high strip-thickness value, hydrodynamic lubrication commences when forward slip and the value of the
neutral angle are zero (line 4 in Fig. 14). When the thickness of the strip is above the stated critical value, for lines5to 7,
friction drops to below the minimum required for rolling before hydrodynamic lubrication can be established. Skidding
then commences at the critical roll speed. It can be observed that at higher values of speed, referred to here as the
minimum required speed, rolling with hydrodynamic lubrication may be reestablished. It should also be noted that the
minimum required speed can be reduced by the use of lubricants of higher viscosity.

The following variations in the friction hill are expected with increasing speed:

The peak of the friction hill gets lower and, together with the neutral point, shifts closer to the exit

The entry zone expands and the corner of the liquid wedge moves further away from the entrance and
closer to the exit. The meaningful slope of the friction hill on the entrance side starts at the area around
the tip of the entry zone

Theroll separation force gets lower

Roll bending/flattening and mill stretching are reduced

Strip thickness is reduced

For relatively thick strip (or low dry-friction value, my), a critical roll speed of the first kind may be
reached. When this occurs, friction becomes so low (below the critical value required) that the neutral

point is at the exit and skidding will commence (lines 5 and 6). At the moment that skidding begins, the
strip stops

For relatively thin strip another critical speed (the critical speed of the second kind) can be reached,
even before skidding commences. When this occurs, the point of the entry zone will reach the exit and
hydrodynamic lubrication will commence. A further increase in speed will cause a thicker lubricating
film to separate the rolls from the strip and make the rolling more stable (seelines 1, 2, and 3in Fig. 14)

For relatively thick strip, even when a critical speed of the first kind commences first, a further increase
in speed may ultimately produce a critical speed of the second kind and reestablish hydrodynamic
lubrication (seelines4to 7 in Fig. 14)

Changes in the entry zone, the friction hill, the neutral point, and strip thickness as a function of speed for thick and thin
strip are shown schematically in Fig. 15.
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Fig. 15 Variations in the "friction hill" versus speed. The parameters m, Ro, ., F,;, and percent reduction are
constant.

Measurement of Friction

Ring Forging. Figure 16 shows the deformation characteristics of two identical rings reduced in height incrementally by
the same amount (AT). One ring is lubricated well and is pressed with low friction, while the unlubricated ring is
pressed with high friction. The characteristic behavior is dragtically different in the two cases. In the low-friction
operation, the inner radius (R) of the ring increases in size, while in the high-friction operation, the inner radius of the
ring decreasesin size.
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Fig. 16 Deformation behavior during ring forging. (a) Original ring. (b) After deformation with low friction. (c)
After deformation with high friction

The bulge direction changes accordingly, minimizing relative sliding of the workpiece over the platens. The outer radius
(R,) expandsin both cases.

In describing the flow pattern, consider an imaginary cylinder of radius R = R,, where R, is the neutral radius. In the high-
friction ring, al points with radius R > R, move outward and their radial positions increase while all points with radial
position R < R, are moving inward. Points on the radius R = R, are stationary, and hence this radius is called the neutral
radius. In the high-friction ring of Fig. 16, the neutral radius resides in the ring itself, so that the neutral radius is larger
than the inner radius (R, > R). On the low-friction ring, the neutral radius is smaller than the inner radius. Therefore, all
points on the low-friction ring are in aradial position R > R,. The increase in outer radius for higher friction is smaller
than that for low friction.

When R, <R, the position of the neutral radius (R,) can be determined as follows (Ref 15):
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When R < R, < R, the position of the neutral radiusis found by successive approximations from:
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When aring is forged and all the geometrical parameters, including the value of R, are determined experimentally, then
the friction factor mis calculated, using Eq 8a and 8b. References 16, 17, 18, 19, 20, 21, 22, 23, 24, 25 provide additional
information on ring test friction analysis, as follows:

Analysis. Slug or dlab free body equilibrium approach: M. Kunogi (Ref 16), 1956. Upper bound, the
parallel velocity field: I. Tarnovski et al. (Ref 17), 1959; H. Kudo (Ref 18), 1961; B. Avitzur (Ref 29),
1964. Upper bound with bulge: B. Avitzur (Ref 19), 1969. Limit analysis (that is, upper and lower
bounds): B. Avitzur and F.R. Sauerwine (Ref 20, 21), 1978

Experimental. Use of feeler pinsin disk forging: G.T. Van Rooyen and W.A. Backofen (Ref 22), 1960.
Calibration curves: A.T. Male and M.G. Cockroft (Ref 23), 1964

Combined. Analytically supported calibration curves: A.T. Maeet al. (Ref 24, 25), 1970

Flow through Conical Converging Dies. Equation 4 and Fig. 5 show that during flow through conical converging
dies, the forces required are dependent on the die cone angle. There always exists an optimal cone angle that requires the
minimum force. With a cone angle smaller than the optimal cone angle, the drawing or extrusion force is high because the
length of contact between the die and material is high, causing excessive friction losses. With a die of an angle larger than
the optimal, the distortion is excessive, causing high forces.

When Eq 4 is differentiated with respect to ¢xand the derivative is equated to zero, the resulting equations express
implicitly the relation between the semicone angle of the die, which minimizes the drawing or extrusion stresses and the
other variables.

Experimentally the optimal die angle can be determined by following the procedure offered by Wistreich (Ref 26).
Severa dies of identical exit diameter are used, each of different entry cone angle. Rods of identical material, treatment,
diameter, surface condition, and lubrication are formed through the dies. The forming force (or pressure) is measured. A
plot (Fig. 5) of the drawing or extrusion stress is obtained as a function of cone angle, assuming that reduction, friction,
and flow stress are al constant. The point of minimum stress indicates on the abscissa the value of the optimal die angle
(rxop) for the experienced reduction and friction. When a second batch of rods of different initial diameter is drawn (or
extruded), different values for the optimal die angle are obtained. The friction that prevails during each run of the
experiment can be computed as follows:
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Strip Rolling. Avitzur (Ref 27, 28, 29) has developed an experimental procedure for the determination of the coefficient
of friction during strip rolling. The expressions derived for these studies can be used to determine friction values when
skidding commences.

(Eq 9)

With the assumption of a constant shear factor (see Eq 2 in this article), Eq 22 from Ref 29 reads:
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When skidding occurs, the following have to be measured: relative front o ,/(2c \/5) and back /(20 \/g)
tensions, roll radius (Ro), and incoming (to) and emerging (t;) strip thicknesses. The value of friction is computed then by
Eqg 10. When no front or back tensions are applied, skidding can be induced only with small roll diameter. When & = &
« = 0, Eq 10 reduces to:

Fir Inleg/ip + (1 m+ (144) Jtg/'Rg Viglty = 1
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(Eq 11)

When Fy = Fy, = 0, only the geometrical parameters to, t;, and Ry have to be measured and a rolling mill with no
instrumentation can be used for the evaluation of the coefficient of friction.

When oy = 7y, = 0 and skidding occurs, the following relation is proposed:
iy = 21 (Eq 12)

where ¥, is the contact angle. By replacing x, by strip thickness and roll radius, the following is written:

u=(3) Vir/Ro. \/(te/tr) -1 (Eq 13)

In a study detailed in Ref 27, strips of identical thickness were rolled with varying gaps between the rolls. The strip was
pushed between the rolls to start the operation. If the full length of the strip passed the rolls, the gap was narrowed and



another strip fed in. This procedure went on until skidding started. When skidding started, the original and final thickness
of that strip and the radius of the rolls were recorded. Another batch of strips with smaller original thickness, but the same
annealed and surface conditions, was then rolled with the same lubricant. The previous procedure was repeated until
skidding started. Several batches of various original strip thickness were tested. The friction values were computed using
Eq 11 for each batch.

Appendix: The Wave Model

The model presented in Ref 30 has provided a quantitative description of Coulomb's (Ref 31) and Amonton's (Ref 32)
characterizations of friction for moderate loads. This model is based on the "wave model" concept of the mobility of the
asperities.

In his History of Tribology (Ref 33), Dowson explains the early recognition of the cause-and-effect relationships between
surface irregularities and the resistance to dliding. Dowson summarizes Coulomb's ideas on the combined effects of the
then-prevailing thoughts on cohesion and surface irregularities. Coulomb recognized that irregularities caused resistance
to sliding, and sketched the opposing asperities as enmeshed fibers folding over and filling the voids previously occupied
by opposing surfaces as diding takes place. However, as Dowson points out, the energy dissipation was not then
recognized because the science of thermodynamics had not yet been born. The theory of folding asperities would later be
replaced by the concept of the mobile ridge.

Ledlie observed that asperities on the harder surface (called "wedges' here) push on the opposing ridges of the softer
surface. Unlike the popular theory of those days that a climbing motion occurred, ignoring the inevitable downhill
companion motion, Leslie suggested that the softer ridge was pushed into and under the surface, producing a perpetual
uprising ahead of the wedge of the harder surface and resulting in an endless climb (Ref 34). Evidence for the mobility
can be seen in Fig. 17, which is reproduced from Ref 35. Simulations of plastic deformation of the asperities by the slip
line and the upper bound techniques are presented in Ref 36, 37, 38, 39, 40, 41, 42, 43, 44, 45, 46, 47, 48, 49.

Fig. 17 Photomicrograph showing the mobility of asperities and the thin layer of deformations. Source: Ref 35

Presently, the model of the mobile ridge and the trapped lubricant on the interface between two dliding surfaces is
examined quantitatively to provide the characteristics shown in Fig. 4(a) and of the Stribeck curve (Ref 50) shown in Fig.
4(b). To model the interaction between the asperities, the photomicrograph shown in Fig. 17 can be replaced by the
illustration of wedge flow in Fig. 18. The tip of the wedge on the surface of the die indents into the surface of the
workpiece, producing a ridge. Sliding between the two surfaces is made possible by the ridge being suppressed under the
wedge when it passes under it. The material ahead of the contact is pushed upward, and the ridge experiences a wave
motion. The lubricant trapped between the stationary wedge and the moving ridge is being forced to move with the solid
that it contacts, and thus experiences an eddy flow. Figure 19 shows theengineering model for the flow depicted in Fig.
18. Here the deformation region of the ridge is described by three rigid triangles, each moving with respect to each other,
through a sliding motion along their interfaces. In Ref 45, the triangles move in alinear motion, while in later studies (Ref
47), they move in the more general rigid-body motion (rotational motion).
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The model shown in Fig. 19 was used in Ref 44 and 45 to obtain friction characteristic by the upper-bound approach. The
relationship between the friction force (F/a:rofi) and relative pressure (p/cTofi) with different input parametersis given in
Fig. 20 and 21. In Fig. 20, the characteristics of the global friction at the ordinate are described as a function of the local
friction factor (my as the input parameter, while the angle of the asperity (r¥,) is constant at 5°. In Fig. 21, the angle of the
asperity (x,) is the parameter, while the local friction is constant at my = 0.2. Global friction increases first linearly with

increasing pressure and then tapers off asymptotically to a constant value. Global friction also increases with increasing
values of local friction and with increasing asperity inclination.
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Fig. 21 The relation between the friction force and normal pressure with wedge angle ((¥,) as a parameter



One observation worth nothing is that even when the local friction (M) is assumed to be zero, the global friction (m) is
not zero. Resistance to sliding exists due to the deformation of the asperities at the surface. Another observation is that the
global friction factor never reaches the value of m = 1. For high values of my and/or of ¢¥;, the wave model is replaced by
the ridge shear failure model shown in Fig. 3(a).

The range of the resulting changes in the power consumed through the mobility of the ridge, and through shear losses in
the trapped lubricant between the asperities due to the eddy flow, is wider than shown in Fig. 4(b) as demonstrated in Ref
51, 52, 53, 54. This complexity is complexity is evident from the calculated value of the global friction factor (m) as
presented in Ref 51, and Fig. 22 and 23. In Fig. 22, the abscissa is the Sommerfeld number (S), where the dimensionless
Sommerfeld number combines the velocity of sliding (vo), the viscosity of the lubricant (7/), the strength of the material
(7o), and the length of the asperity (f o), intheform of S= vo"F/(f:Tofo). The ordinate is the global friction factor (m) and
the parameter is the normal load (p) on the interface between the two sliding bodies. The local friction factor is my = 0.6
and the inclination of the asperity is x; = 1 °. For the lower load values (p = 2), the characteristic behavior shown in Fig.
4(b) is observed. The static friction factor value of mis highest when no diding occurs. With increasing sliding speeds
friction drops. Higher pressure values produce higher resistance to sliding. For higher pressures, the ridge is higher, and
therefore the thickness of the film of the trapped lubricant is thinner. Furthermore, increases in the Sommerfeld number
are not as effective in reducing the height of the ridge. Thus, for high pressures, the [ubricant film remains thin even with
increasing Sommerfeld number.
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Fig. 22 Global friction versus Sommerfeld number at high pressure
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The two insertsin the lower left-hand corner of Fig. 19 display boundary lubrication (by model 1 with ridge mability) and
hydrodynamic lubrication (by model 2 with full film separation between the tool and the workpiece). The transition from
model 1 (mobile ridge) to model 2 (hydrodynamic lubrication) is illustrated in Fig. 23. For small angles (¢¥; = 0.1) and
low pressure (p/ao = 0.5), a gradual decrease in the global friction value (m) with increasing Sommerfeld number (S) is
observed. When the critical value of the Sommerfeld number is reached and hydrodynamic lubrication commences, the
friction drops abruptly to < 29% of the static value.

The drastic friction drop presented by the wave model has also been observed in other treatments of the onset of
hydrodynamic lubrication during wire drawing and rolling (Ref 12). However, in the present study, it is worth noting that
the abrupt drop in friction when hydrodynamic lubrication commences is expected only if all asperities are identical.
Asperities comein all sizes and shapes, and the critical Sommerfeld number for each occurs at a different value. Thus, the
actual decreasein misgradual. The increase in mwith further increase in Sisvery sight.

Additional information on the wave model, including comparisons of some of the studies/results described in this article,
can be found in Ref 54, 55, 56.
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Appendix: Static and Kinetic Friction
Coefficients for Selected Materials

Peter J. Blau, Metals and Ceramics Division, Oak Ridge National Laboratory

THE DEFINITIONS for static and kinetic friction coefficients are given in the Glossary of this Handbook. The friction
coefficient between solids dliding, or about to slide, over one another under the influence of a nonzero normal force is a
function of several factors whose relative contributions vary on a case-by-case basis:

Composition of the materials

Surface finish of each solid

Nature of the surrounding environment

Force holding the solids in contact (load)

Velocity of relative motion

Nature of the relative motion (for example, unidirectional, back and forth, steady, variable, and so on)
Nature of the contact (conforming versus nonconforming surfaces)

Temperature of the interfacial region

Prior diding history of the surfaces

Characteristics of the machine and fixtures in which the materials are affixed

No single source has generated a comprehensive list of friction coefficients for materials under identical testing
conditions; therefore, nearly all existing handbooks rely on compilations of data produced under a variety of testing
conditions. Readers should be aware of this shortcoming and use the values only as very approximate guides, unless their
applications are exactly the same as those methods used in generating the data.

The five tables of friction coefficient valuesin this Appendix contain both static and kinetic friction coefficients. They are
arranged by material type as follows:

Table 1: metals on metals

Table 2: ceramics on various materials
Table 3: polymers on various materials
Table 4: coatings on various materials
Table 5: miscellaneous materials

It should be emphasized that the data in the tables are for unlubricated solids at room temperature and in ambient air. The
reference list provided with each table lists both the sources of the data for the table and a brief description of the testing
conditions used to generate these data, if such information was available in the reference. If accurate friction information
is required for a specific application, the use of carefully simulated conditions or instrumentation of the actual machine
should be conducted in lieu of using tabulated values because even a small change in contact conditions (for example,
dliding speed or relative humidity for some materials) can result in a marked change in the measured or apparent friction
coefficient.



Table 1 Friction coefficient data for metals sliding on metals

Metalstested in air at room temperature

Material Test Friction Ref
geometry @ coefficient
Fixed specimen M oving specimen Static  Kinetic
Ag Ag IS 0.50 1
Au IS 0.53 1
Cu IS 0.48 1
Fe IS 0.49 1
Al Al IS 0.57 1
Ti IS 054 ... 1
Al, alloy 6061-T6 Al aloy 6061-T6 FOF 042 034 2
Cu FOF 028 0.23 2
Steel, 1032 FOF 035 025 2
Ti-6Al-4V FOF 0.34 0.29 2
Au Ag IS 0.53 1
Au IS 049 ... 1
Brass, 60Cu-40Zn  Stedl, tool POR .. 0.24 3
Cd Cd IS 0.79 1
Fe IS 0.52 1
Co Co IS 0.56 1
Cr IS 0.41 1
Cr Co IS 041 1
Cr IS 0.46 1
Cu Co IS 0.44 1
Cr IS 0.46 1
Cu IS 0.55 1
Fe IS 0.50 1
Ni IS 0.49 1
n IS 0.56 ... 1
Cu, OFHC Steel, 4619 BOR .. 0.82 4
Fe Co IS 0.41 1
Cr IS 0.48 1
Fe IS 0.51 1
Mg IS 0.51 1
Mo IS 0.46 1
Ti IS 0.49 1
W IS 0.47 1
n IS 0.55 1
In In IS 1.46 1
Mg Mg IS 0.69 1
Mo Fe IS 0.46 1
Mo IS 0.44 1
Nb Nb IS 0.46 1
Ni Cr IS 0.59 1
Ni IS 0.50 1
Pt IS 0.64 1
Pb Ag IS 0.73 1
Au IS 0.61 1
Co IS 0.55 1
Cr IS 0.53 1
Fe IS 0.54 1
Pb IS 090 ... 1
Steel SPOF e 0.80 5
Pt Ni IS 0.64 1
Pt IS 0.55 1
Sn Fe IS 0.55 1
Sn IS 0.74 ... 1
Steel Cu SPOF 0.80 5
Pb SPOF 1.40 5




Steel, 1032 Al, aloy 6061-T6 FOF 047  0.38 2
Cu FOF 032 025 2
Steel, 1032 FOF 031 023 2
Ti-6Al-4V FOF 0.36 0.32 2
Steel, 52100 NisAl, alloy IC-396M RSOF ... 1.08 6
NisAl, aloy 1C-50 RSOF . 0.70 6
Steel, 1015 annealed BOR L. 0.74 7
Steel, dual-phase DP-80 BOR . 0.55 7
Steel, O2 tool BOR . 0.49 7
Steel, mild Steel, mild BOR ... 0.62 3
Steel, M50 tool NizAl, aloy 1C-50 RSOF 0.68 6
Stedl, stainless Steel, tool POR . 0.53 3
Steel, stainless304 Cu FOF 023 021 2
Stellite Stedl, tool POR e 0.60 3
Ti Al IS 0.54 . 1
Steel, 17-4 stainless POF 048 048 8
Ti POF 047 040 8
Ti FOF 0.55 ... 1
Ti-6Al-4V POF 043 0.36 8
Ti-6Al-4V Al, dloy 6061-T6 FOF 041 0.38 2
Cu-Al (bronze) POF 036 027 8
Nitronic 60 POF 038 031 8
Steel, 17-4 stainless POF 036 031 8
Steel, Type 440C stainless POF 044 037 8
Stellite 12 POF 035 029 8
Stellite 6 POF 045 0.36 8
Ta POF 053 053 8
Ti-6Al-4V FOF 036 0.30 2
Ti-6Al-4V POF 036 031 8
W Cu IS 041 1
Fe IS 0.47 1
W IS 0.51 1
Zn Cu IS 0.56 1
Fe IS 0.55 1
n IS 0.75 1
(a) Test geometry codes: BOR, flat block pressed against the cylindrical

Table 2 Friction coefficient data for ceramics sliding on various materials

surface of a rotating ring; FOF, flat surface dliding on another flat
surface; 1S, diding down an inclined surface; POR, pin sliding against
the cylindrical surface of a rotating ring; RSOF, reciprocating,
spherically ended pin on aflat surface; SPOF, spherically ended pin on
aflat coupon.

Specimenstested in air at room temperature

Material Test Friction Ref
geometry®  coefficient

Fixed specimen M oving specimen Static  Kinetic

Ag Alumina RPOF . 0.37 9
Zirconia RPOF S 0.39 9

Al Alumina RPOF .. 0.75 9
Zirconia RPOF .. 0.63 9

Alumina Alumina SPOD .. 0.50 10
Alumina SPOD .. 0.52 11
Alumina SPOD ... 0.33 12
WRA® SPOD .. 0.53 13
WRZTA® SPOD .. 0.50 13
ZTAY SPOD .. 0.56 13

Boron carbide Boron carbide POD C 0.53 14

Cr Alumina RPOF . 0.50 9
Zirconia RPOF S 0.61 9

Cu Alumina RPOF .. 0.43 9




Zirconia RPOF . 0.40 9
Fe Alumina RPOF 0.45 9
Zirconia RPOF . 0.35 9
Glass, tempered  Al, aloy 6061-T6 FOF 017 014 15
Steel, 1032 FOF 013 012 15
Teflon© FOF 010 0.0 15
Silicon carbide Silicon carbide SPOD .. 0.52 14
Silicon nitride SPOD . 0.53 12
Silicon nitride SPOD . 0.71 10
Silicon nitride SPOD ... 0.63 11
Silicon nitride Silicon carbide SPOD . 0.54 12
Silicon carbide SPOD . 0.67 10
Silicon carbide SPOD . 0.84 11
Silicon nitride SPOD . 0.17 14
Steel, M50 tool Boron carbide POD .. 0.29 14
Silicon carbide POD . 0.29 14
Silicon nitride POD C 0.15 14
Tungsten carbide  POD . 0.19 14
Ti Alumina RPOF . 0.42 9
Zirconia RPOF . 0.27 9
Tungsten carbide Tungsten carbide  POD . 0.34 14
(a) Test geometry codes. FOF, flat surface sliding on another flat surface; POD, pin

on disk (pin tip geometry not given); RPOF, reciprocating pin on flat; SPOD,
spherically ended pin on flat disk; SPOF, spherically ended pin on a flat

coupon.
(b) WRA, silicon carbide whisker-reinforced alumina.

(© WRZTA, silicon carbide whisker-reinforced, zirconia-toughened alumina
(d) ZTA, zirconia-toughened alumina

(e Teflon, polytetrafluoroethylene

Table 3 Friction coefficient data for polymers sliding on various materials

Specimenstested in air at room temperature

Material® Test Friction Ref
geometry®  coefficient
Fixed specimen Moving specimen Static  Kinetic
Polymers dliding on polymers
Acetal Acetal T™W 0.06  0.07 16
Nylon 6/6 Nylon 6/6 T™W 006  0.07 16
PMMA PMMA NSp 080 ... 17
Polyester PBT Polyester PBT T™W 017 024 16
Polystyrene Polystyrene NSp 0.50 . 17
Polyethylene Polyethylene NSp 020 ... 17
Teflon Teflon NSp 004 ... 17
Teflon FOF 008 0.07 18
Dissimilar pairs with the polymer as the fixed specimen
Nylon 6 (cast) Stedl, mild TPOD . 0.35 19
(extr uded) Steel, mild TPOD .. 0.37 19
Nylon 6/6 Polycarbonate TW 025 004 16
Nylon 6/6 (+ PTFE) Stedl, mild TPOD . 0.35 19
PA 66 Stedl, 52100 BOR . 0.57 20
PA 66 (+ 15% PTFE) Sted, 52100 BOR . 0.13 20
PA 66 (PTFE/glass) Steel, 52100 BOR . 0.31 20
PEEK Stedl, 52100 BOR . 0.49 20
PEEK (+ 15% PTFE) Steel, 52100 BOR L 0.18 20
PEEK (PTFE/glass) Stedl, 52100 BOR . 0.20 20
PEI Stedl, 52100 BOR . 0.43 20
PEI (+ 15% PTFE) Steel, 52100 BOR . 0.21 20
PEI| (PTFE/glass) Stedl, 52100 BOR . 0.21 20
PETP Stedl, 52100 BOR .. 0.68 20
PETP (+ 15% PTFE) Stedl, 52100 BOR . 0.14 20




PETP (PTFE/glass) Stedl, 52100 BOR 0.18 20
Polyurethane® Steel, mild TPOD 0.51 19
Polyur ethane™® Steel, mild TPOD 0.35 19
POM Stedl, 52100 BOR 0.45 20
POM (+ 15% PTFE)  Steel, 52100 BOR 0.21 20
POM (PTFE/glass) Steel, 52100 BOR 0.23 20
PPS Stedl, 52100 BOR 0.70 20
PPS (+ 15% PTFE) Steel, 52100 BOR 0.30 20
PPS (PTFE/glass) Steel, 52100 BOR . 0.39 20
Teflon Al, aloy 6061-T6 FOF 024 019 18
Cr plate FOF 0.09 0.08 18
Cu FOF 013 011 18
Ni (0.001 P) FOF 015 012 18
Steel, 1032 FOF 027 027 18
Ti-6Al-4V FOF 017 014 18
TiN (Magnagold) FOF 015 012 18
UHMWPE Steel, mild TOPD 0.14 19
Dissimilar pairs with the polymer as the moving specimen
Steel, carbon ABSresin POF 040 027 21
Steel, mild ABS TW 030 035 16
ABS+ 15% PTFE TW 0.13 0.16 16
Acetal TW 014 021 16
Steel, 52100 Aceta POD 0.31 22
HDPE POD ... 0.25 22
Steel, carbon HDPE POF 036 023 21
LDPE POF 048 0.28 21
Steel, 52100 Lexan 101 POD ... 0.60 22
Steel, mild Nylon (amorphous) TW 023 032 16
Stedl, carbon Nylon 6 POF 054 037 21
Stedl, mild Nylon 6 TW 022 026 16
Steel, carbon Nylon 6/6 POF 053 0.38 21
Steel, mild Nylon 6/6 TW 020 0.28 16
Steel, carbon Nylon 6/10 POF 0.53 0.38 21
Steel, mild Nylon 6/10 TW 023 031 16
Nylon 6/12 TW 024 031 16
PEEK (Victrex) TW 020 025 16
Stedl, carbon Phenol formaldehyde POF 051 044 21
Steel, 52100 PMMA POD ... 0.68 22
Steel, carbon PMMA POF 064 050 21
Steel, mild Polycarbonate TW 031 0.38 16
Polyesther PBT TW 019 025 16
Polyethylene TW 009 013 16
Steel, carbon Polyimide POF 046 034 21
Polyoxylmethylene POF 030 017 21
Polypropylene POF 036 0.26 21
Steel, mild Polypropylene TW 0.08 011 16
Steel, carbon Polystyrene POF 0.43 0.37 21
Steel, mild Polystyrene TW 028 032 16
Polysulfone TW 0.29 0.37 16
Steel, carbon PvVC POF 053 0.38 21
PTFE POF 037  0.09 21
Al, alloy 6061-T6 Teflon FOF 019 018 18
Cr plate Teflon FOF 021 019 18
Glass, tempered Teflon FOF 010 0.10 18
Ni (0.001 P) Teflon FOF 022 019 18
Steel, 1032 Teflon FOF 018 0.16 18
Ti-6Al-4V Teflon FOF 023 021 18
TiN (Magnagold) Teflon FOF 016 011 18
(a) ABS, acrylonitrile butadiene styrene; HDPE, high-density polyethylene; LPDE,

low-density polyethylene; Lexan, trademark of the General Electric Co.
(polycarbonate); nylon, one of a group of polyamide resins (see aso PA); PA,
polyamide; PBT, polybutylene terephthalate; PEEK, polyetheretherketone; PEI,
polyetherimide; PETP, polyethylene terephthalate; PMMA,
polymethylmethacrylate; POM, polyoxymethylene; PPS, polyphenylene



sulphide; PTFE, polytetrafluoroethylene; PVC, polyvinyl chloride; UHMWPE,
ultra high molecular weight polyethylene; Magnagold, product of General
Magnaplate, Inc.; Teflon, trademark of E.I. Du Pont de Nemours & Co., Inc.

(PTFE).

(b) Test geometry codes. BOR, flat block-on-rotating ring; FOF, flat surface sliding
on another flat surface; NSp, not specified; POD, pin on disk; POF, pin on flat;
TPOD, triple pin-on-disk; TW, thrust washer test.

(C) Green polyurethane.

(d) Cream-colored polyurethane

Table 4 Friction coefficient data for coatings sliding on various materials

Specimenstested in air at room temperature

Material Test Friction Ref
geometry®@  coefficient
Fixed specimen M oving specimen Static  Kinetic
Al, alloy 6061-T6 Cr plate FOF 0.27 0.22 23
Ni (0.001 P) plate FOF 033 0.25 23
TiN (Magnagold)® FOF 025 0.2 23
Au, electroplate 60Pd-40Ag, plate POF 2.40 24
60Pd-40Au, plate POF 0.30 24
70Au-30Ag, plate POF 3.00 24
80Pd-20Au, plate POF 1.80 24
99Au-1 Co, plate POF 2.40 24
Au plate POF 2.80 24
Au-0.6 Co, plate POF 0.40 24
Pd plate POF . 0.60 24
Cr plate Al, dloy 6061-T6 FOF 020 019 23
Ni (0.001 P) plate FOF 019 0.17 23
Steel, 1032 FOF 0.20 0.17 23
Teflon®™ FOF 021 019 23
Ti-6A1-4V FOF 0.38 0.33 23
Niobium car bide, coating Niobium carbide, coating FOF 019 013 25
Ni (0.001 P) plate Al, alloy 6061-T6 FOF 026 023 23
Cr plate FOF 0.41 0.36 23
Ni (0.001 P) plate FOF 032 0.8 23
Steel, 1032 FOF 0.35 0.31 23
Steel, D2 tool FOF 0.43 0.33 23
Teflon®™ FOF 022 019 23
TiN (Magnagold)© FOF 033 026 23
Stedl Cu film on steel SPOD 0.30 26
Infilmon Ag SPOD 0.10 26
In film on steel SPOD 0.08 26
Pb film on Cu SPOD 0.18 26
Steel, 1032 Cr plate FOF 0.25 0.21 23
Ni (0.001 P) plate FOF 037 0.30 23
TiN (Magnagold)© FOF 031 028 23
Steel, type 440C stainless TiC on type 304 stainless POD 012 017 27
TiN on type 304 stainless POD 050 0.75 27
Steel, bearing Chrome carbide POD 0.79 28
SiC (cvD)? POD 0.23 28
TiC (CVD)? POD 0.25 28
TiN (CvD)“? POD 0.49 28
Stel, stainless Al,Os, plasma-sprayed Ams 0.13-0.30 29
Cr plate Ams 0.30-0.38 29
Cr,05, plasma-sprayed Ams 0.14-0.15 29
TiO,, plasma sprayed Ams 0.10-0.15 29
WC-12 Co, plasma-sprayed Ams . 0.11-0.13 29
Teflon® Cr plate FOF 009 0.08 23
Ni (0.001 P) plate FOF 015 0.12 23
TiN (Magnagold)™® FOF 015 012 23
TiC on type 440C stainlesssteel Al POD 050 0.85 27




Ti POD 0.65 0.80 27
TiC on type 440C stainlesssteel POD 022 020 27
TiN on type 440C stainless steel  POD 025 020 27
TiN on type 440C stainlessstee Al POD 027 040 27
Steel, type 304 stainless POD 029 041 27
Ti POD 050 076 27
TiC on type 440C stainlesssteel  POD 0.05 0.06 27
TiN on type 440C stainlesssteel POD 065 045 27
TiN (Magnagold)®© Al, alloy 6061-T6 FOF 030 0.26 23
Steel, 1032 FOF 038 031 23
Teflon® FOF 016 011 23
Ti-6Al-4V FOF 0.26 0.23 23
TiN (Magnagold)© FOF 025 021 23
(a) Ams, Amsler circumferential, rotating disk-on-disk machine; FOF, flat surface sliding on another
flat surface; POD, pin on disk; POF, pin on flat; SPOD, spherically ended pin-on-flat disk.
(b) Teflon is a registered trademark of E.I. Du Pont de Nemours & Co., Inc.
(polytetrafluoroethylene).
(C) Magnagold is a product of General Magnaplate, Inc.
(d) CVD, chemical vapor deposition

Table 5 Friction coefficient data for miscellaneous materials

Specimenstested in air at room temperature

Material Test Friction Ref
geometry®  coefficient
Fixed specimen M oving specimen Static Kinetic
Brick Wood UnSp 0.6 S 30
Cotton thread Cotton thread unSp 0.3 . 30
Diamond Diamond UnSp 0.1 L 30
Explosives™
HMX® Glass RPOF . 0.55 31
PETN® Glass RPOF . 0.40 31
RDX® Glass RPOF . 0.35 31
Lead azide[Pb(N3),] Glass RPOF e 0.28 31
Silver azide (AgNs)  Glass RPOF . 0.40 31
Glass, tempered Al, aloy 6061-T6 FOF 0.17 0.14 32
Stedl, 1032 FOF 0.13 0.12 32
Teflon” FOF 0.10 0.10 32
Glass, thin fiber Brass StOD ... 0.16-0.26 33
Graphite StoD e 0.15 33
Porcelain StOD e 0.36 33
Sted, stainless StOD ... 0.31 33
Teflon® StOD N 0.10 33
Glass, clean Glass (clean) UnSp 0.9-1.0 30
Graphite, molded Al, dloy 2024 FOF 0.16 34
Al, dloy 2219 FOF 0.22 L 34
Graphite, extruded FOF 0.20 0.17 34
Graphite, molded FOF 0.18 0.14 34
Inconel X-750 FOF 0.16 34
Stedl, type 304 stainless FOF 0.18 34
Steel, type 347 stainless FOF 0.19 34
Graphite (clean) Graphite (clean) UnSp 0.10 30
Graphite (outgassed) Graphite (outgassed) UnSp 0.5-0.8 .. 30
Hickory wood, waxed Snow UnSp L 0.14 35
Ice Bronze UnSp . 0.02 35
Ebonite UnSp L 0.02 35
Ice UnSp 0.05-0.15 ... 35
Ice UnSp . 0.02 35
Ice FOF >0.01 >0.01 32
L eather Metal (clean) UnSp 0.6 30
Metal Glass (clean) UnSp 0.5-0.7 30




Mica (cleaved) Mica (cleaved) UnSp 1.0 . 30
Mica (contaminated) Mica (contaminated) UnSp 0.2-0.4 L. 30
Nylon fibers Nylon fibers UnSp 0.15-0.25 ... 30
Paper, copier Paper, copier FOF 0.28 0.26 32
Sapphire Sapphire UnSp 0.2 S 30
Silk fibers Silk fibers UnSp 02-03 ... 30
Stedl (clean) Graphite UnSp 0.1 s 30
Wood (clean) Metals UnSp 0.2-0.6 ... 30
Wood (clean) UnSp 0.25-05 ... 30
(a) FOF, flat surface sliding on another flat surface; RPOF reciprocating pin-on-flat;
StOD, strand wrapped over a drum; UnSp, unspecified method.
(b) Explosives reported here were tested as reciprocating, single-crystal, flat-ended
pin-on-moving flat.
(C) HMX, cyclotetramethylene tetranitramine;
(d) PETN, pentaerithritol tetranitrate.
(e) RDX, cyclotrimethylene trinitramine.
(f) Teflon isaregistered trademark of E.I. Du Pont de Nemours & Co., Inc.
(g) Inconel isaproduct of INCO, Inc.
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Introduction to Lubrication

Herbert S. Cheng, Northwestern University

LUBRICATION is introduced between two sliding solids by adding a gaseous, liquid, or solid lubricant at the dliding
interface in order to reduce friction and wear, and to carry away heat and debris generated during the diding process.
Lubrication processes can take many different forms, depending on the gross geometry of the contacting bodies, the
roughness and texture of the sliding surfaces, the contacting load, the pressure and temperature, the rolling and sliding
speeds, the environmental conditions, the physical and chemical properties of the lubricant, the material composition, and
the properties of the near-surface layer.

The two basic geometries for lubricated surfaces are conformal and counterformal (Fig. 1). Conformal surfaces usually
appear in diding journal and trust bearings, machine guideways, and seals. In conformal bearings, surfaces are usually
separated by a thick oil or gas film generated hydrodynamically by the surface velocities or hydrostatically by an
externally pressurized lubricant. These surfaces usually operate in the regime of thick-film hydrodynamic or hydrostatic
[ubrication. Lubrication performance--as measured by film thickness, pressure, and friction--can be predicted readily from
analyses based on the Reynolds equation (Ref 1). The major lubricant properties of importance for conformal surfaces
include viscosity and temperature-viscosity coefficient. Typical conformal bearings include engine main-shaft bearings;
turbine; compressor, and pump bearings; and computer head/disk contacts.

Conformal

Countarformal

Fig. 1 Geometry of conformal and counterformal contacts

Lubrication of counterformal contacts takes place in an extremely small concentrated area known as the Hertzian
conjunction. In these contacts, film thickness is very thin, of the same order of the surface roughness, and lubricant
pressure is very high. Lubricant performance is affected strongly by the elastic deformation of the bearing surface. The
lubricant film thickness and pressure and their distribution in the conjunction can be determined by elastohydrodynamic
theories (Ref 2). Because of the extremely high pressure in the conjunction, the pressure-viscosity coefficient has a major



effect in generating the lubricant film at the inlet, and the temperature-viscosity coefficient has a strong influence on both
temperature and friction for sliding contacts. These significant lubrication properties are discussed in more detail in the
article "Liquid Lubricants" in this Section. Recent molecular-level studies indicate that the structure and properties of the
first few molecular layers of alubricant can be different from those of the bulk liquid.

Surface roughness and its lay orientation with respect to surface motion can have a significant influence on lubrication
performance in the regime of mixed lubrication, where the load is shared between the lubricant pressure and the
asperities. Roughness effects are particularly important in counterformal contacts because the majority of these contacts
operate in mixed lubrication. Progressive wear failure and sudden scuffing failure are dependent on the lubrication
process influenced by the micro-roughness geometry; they are also influenced by the contact temperatures in the
conjunction. Detailed information about mixed lubrication can be found in the article "Lubrication Regimes' in this
Section; contact temperature cal cul ations are discussed in the article "Frictional Heating Calculations' in this Volume.

Thick-film lubrication deteriorates rapidly under combinations of extreme pressure, extreme temperature, low rolling
speed, and high dliding speed. For these conditions, the lubricant film thickness is extremely small in comparison to the
surface roughness, and the contacts operate in the regime of boundary lubrication. Straight mineral oils do not offer much
relief from friction and wear. Additives must be relied upon to modify friction, reduce wear, and reduce oxidation of the
lubricant. The functions of commonly used additives are explained in the article "Lubricant Additives and Their
Functions' in this Section.

In extreme environmental conditions, such as elevated ambient temperatures above 500 °C (930 °F) or vacuum
environments, conventional liquid lubricants often become less effective because of their tendency to rapidly oxidize or
decompose at elevated temperatures and their tendency to vaporize or creep away from lubricated surfaces under high
vacuum. The use of solid lubricants is often called for in these situations. Over the last four decades, the use of solid
lubrication has grown steadily, largely due to sustaining efforts at the NASA Lewis Research Center and research
supported by the U.S. Air Force. These efforts are discussed in the articles "Solid Lubricants' and "Lubricants for High-
Vacuum Applications" in this Section.

Lubrication in counterformal contacts also is influenced by the ratio of the diding velocity to the rolling velocity,
otherwise known as the dide-to-roll ratio. The film thickness is generated primarily by the rolling velocity, which draws
the lubricant into the conjunction. Sliding velocity has no effect on film generation unless the inlet viscosity is reduced
significantly by the heat generated by dliding. The friction and contact temperature in the conjunction is influenced
strongly by the dliding velocity. A lubricant in diding contact usually behaves like a sheet of glassy solid sheared at the
midlayer. Contacts that operate at a high dide-to-roll ratio generate a higher contact surface temperature in the
conjunction and have a lower resistance to scuffing. This condition exists in gear teeth contacts at the beginning of the
engagement between a pair of teeth; in cam follower/lobe contacts at the beginning and end of the lifting process; and in
piston ring/cylinder bore contacts throughout the entire reciprocation cycle. For these conditions, additives should be used
to reduce asperity friction and thereby prevent the excessive asperity temperature rise that leads to scuffing.

Contacts that operate at very low dide-to-roll ratios (that is, nearly pure rolling condition) generate much less heat in the
conjunction, and can support a higher load without surface distress generated by sliding wear. This condition exists in
gear teeth contacts at or near the pitch point and in all contacts between raceway/ball or raceway/roller contacts of rolling-
element bearings. Surface or subsurface fatigue is the predominant mode of failure. Surface fatigue life improves greatly
with a higher ratio of lubricant film to surface roughness. Elastohydrodynamic lubrication theories are directly useful for
assessing fatigue life of these contacts. Film thickness formulas can be found in the article "L ubrication Regimens' in this
Section and in the article "Friction, Lubrication, and Wear of Gears,” which appears later in this Volume. The function
and selection of lubricants for meeting the requirements of specific triboelements are discussed in the articles "L ubricants
for Rolling Element Bearings' and "Internal Combustion Engine Lubricants' in this Section.

In metalworking processes, lubrication takes place at the interface between an elastic solid and a plastically deformed
solid. Thick-film lubrication can be achieved but often is not because of the poor surface quality generated under these
conditions. Mixed or boundary lubrication is usually specified for most metalworking processes in order to achieve the
desirable friction that will enable control of the surface quality of the workpiece. In addition, the lubricant must also be a
good coolant to carry away the heat generated by plastic deformation of the workpiece. Detailed coverage of the
formulation and properties of modern metalworking lubricants can be found in the article "Metalworking Lubricants' in
this Section.
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Liquid Lubricants

Richard S. Fein, Fein Associates

Introduction

THE PRIMARY FUNCTION of liquid lubricantsis to control friction, wear, and surface damage over the intended life of
a system that contains machine elements, such as gears and bearings. Wear and surface damage occur under boundary or
partial boundary lubrication conditions, but not under full hydrodynamic conditions. Secondary functions are to prevent
corrosion and to scavenge heat, dirt, and wear debris. Lubricants can aso transfer either force or energy, as occurs in
hydraulic systems.

The choice of an appropriate lubricant depends on system needs and cost, as well as on health, safety, and environmental
considerations. For a given system, minimizing the number of lubricants used generaly simplifies maintenance and
reduces the chances of applying the wrong lubricant. Inventory storage and handling are al so reduced.

Machinery manufacturers help define system needs by recommending viscosity grades and the lubricant quality that is
suitable for use with their equipment in various applications. In some cases, rather detailed specifications governing the
oils to be used may be provided. With new equipment, the recommendations of manufacturers should be followed to
ensure warranty protection. After the warranty period, the number of different lubricants can often be simplified (Ref 1),
with the assistance of an experienced lubricant supplier.

This article describes types of base oils and the properties important to lubricant functioning; lubricant classifications;
health, safety, and environmental considerations, and methods of lubricant application. Hydrocarbon-based oils,
especially mineral qils, are emphasized because they are the most widely used. Additional details on most of these topics
areprovidedin Ref 1, 2, 3, 4, 5.

Properties

L ubricant properties depend on the base ail (or blend of base oils) and on any additives that are used. Table 1 qualitatively
indicates the important characteristics of a variety of base oils. Overall, mineral oils have good characteristics and are low
in cost.



Table 1 Base oil characteristics

Property Base oil type

Mineral  Olefin Alkyl Polyphenyl Dibasic Neopentyl  Poly- Phosphate Silicone Silicate Fluoro-

oil polymer aromatic ether acid polyester alkylene ester ester carbon

ester glycol

Liquid range Moderate Good Good Poor Very good Verygood Good Moderate  Excellent  Poor Poor
Viscosity-temperature Moderate Good Moderate Poor Excellent  Very good Good Poor Excellent  Excellent  Moderate
L ow-temper ature flow Poor Good Good Poor Good Good Good Moderate  Good Moderate  Good
Oxidation stability inhibited Moderate Verygood Moderate Verygood Verygood Moderate  Poor Good Very good Verygood Excellent
Hydrolytic stability Excellent Excellent  Excellent Excellent Moderate  Moderate  Good Moderate  Good Poor Very good
Thermal stability Moderate Moderate  Moderate  Excellent Good Good Good Moderate  Very good Good Very good
Solvency, mineral ail .. Excellent  Excellent Good Good Moderate Poor Moderate Poor Moderate  Poor
Solvency, additives Excellent Good Excelent ... Very good Verygood Moderate Good Poor C .
Solvency, varnish and paint  Excellent Excellent  Excellent Moderate Good Moderate =~ Moderate Poor Good Moderate  Good
Volatility Moderate Good Good Good Excellent  Excellent  Good Good Good Good Moderate
Antirust, inhibited Excellent Excellent  Excellent ... Moderate  Moderate  Good Moderate  Good . .
Boundary lubrication Good Good Good Excellent Very Good Very Good Good Excellent Moderate  Moderate  Excellent
Fireresistance Poor Poor Poor Moderate Moderate  Moderate  Moderate Excellent Moderate  Moderate  Excellent
Elastomer swell, Buna Low None Low Low Medium High Low High Low Low Medium
Cost $ $$ $$ $55$ $$ $$ $$ $$ $$$ $5$ $55$




Additives are chemicals that enhance the properties of an oil. They are added to base dils in concentrations that range
from the order of tens of ppm to as much as 25%. Additives generally fall into three groups: polymers, polar compounds,
and compounds containing active elements, such as sulfur and chlorine. They can aso be classified by function, and are
described as such in the article "Lubricant Additives and Their Functions' in this Volume. Some additives that offer
advantages in one performance areamay be detrimental in other areas, whereas others work best in combination. Additive
useisjustified by cost effectiveness.

The numerous lubricant properties that are important to end-use applications are listed in one of two categoriesin Table 2.
Basic properties are physical or chemical characteristics that are essentially independent of the measurement method.
Performance properties, on the other hand, do depend on the measurement method, because they are governed by
interacting basic properties and test conditions. The most important properties, as well as those most often used for
lubricant characterization, are described below, and typical values for selected properties are given in Table 3.

Table 2 Lubricant properties

Basic properties
Bulk modulus
Surfacetension
Thermal conductivity
Electrical conductivity
Heat capacity
Refractive index
Rheology
Viscosity
Viscosity-pressure coefficient
Viscosity-temper atur e coefficient
Temporary viscosity loss
Gravity
Density
Performance properties
Corrosion/rust
Wettability
Volatility
Foaming/air release
Toxicity
Biodegradability
Miscibility
Emulsibility
Filterability
Compatibility
Seals
Paint
Flammability
Rheology
Shear strength
Pour ability
Per manent viscosity loss
Tribology
Friction
Wear
Load carrying
Pitting fatigue
Solvency
Stability
Oxidative
Hydrolytic
Thermal
Deter gency/disper sancy




Table 3 Lubricant properties

Lubricant Pour API Flash point  Kinematic viscosity, Viscosity Roelands, Ash, Neutrality
point gravity mm?/s, cSt index Z % No.
°C  °F °C °F At 40 At 100

°C °C

(105 (212 °F)

OF)
Jet engineail, polyol ester, typell, MIL-L-23699B -54 -65 10.0 254 489 280 5.10 ... 0.61 L. L.
SO VG 32 refrigeration ail -48 55 272 168 334 300 4.70 54 0.76 e 0.03 TAN
ISO VG 32 R& O turbine oil -32 26 322 199 390 309 5.48 104 0.68 0.002 ...
Automatic transmission fluid, Dexron-11, Mercon, Allison C-3, Caterpillar TO-2 46 -51 310 204 399 36.2 7.40 176 0.54 0.26
SO VG 46 antiwear hydraulic fluid, AGMA No. 1 -32 -26 30.2 210 410 450 6.80 103 0.67 .
5W-30 motor oil, SG/CD, energy conserving 1, ILSAC, CCMC -39 -38 300 216 421 67.8 115 165 0.51 1.0
10W-30 motor oil, SG/CD, ILSAC, energy conserving 11, CCMC -34 -29 29.0 221 430 750 11.5 146 0.54 1.0
75W-90 synthetic hydrocarbon gear oil, GL-5, MIL-L-2105C, limited dlip -46  -51 28.0 163 325 106 15.2 149 0.56 . .
15W-40 motor oil, CE/SG, CD-I1, MIL-L-2104E, MIL-L-46152D, Caterpillar TO- -29 -20 282 232 450 112 14.8 136 0.53 10 7TBN
2, Allison C-4
15W-40 motor ail, CE/SF, CD-Il, MIL-L-2104E, MIL-L-46152D, Caterpillar TO- -31 -24 28.0 226 439 110 14.7 136 0.53 15 11 TBN
2, Allison C-3
SAE 40 motor oil, CE/SG, CD-Il, MIL-L-2104E, MIL-L-46152D, Caterpillar TO- -23 -9 26.1 243 470 157 151 96 0.61 1.0 7TBN
2, Allison C-4
Polyglycol industrial ail -30 -22 ... 280 536 161 22.4 173 0.54 C .
SAE 40 motor oil, CC/SF, MIL-L-2104B, MIL-L-46152B -12 10 264 228 442 169 155 93 0.62 0.86 6TBN
1SO VG 220 circulating oil, AGMA R& O No. 4 -9 16  28.7 241 466 138 13.3 89 0.64
ISO VG 220 industrial gear oil, AGMA 4EP, U.S. Steel 224 -12 10 26.8 213 415 139 14.6 105 0.60 e e
Trunk-type diesel engine oil, CD 15 60 256 238 460 140 14.2 92 0.61 3.6 32 TBN
Diesel cylinder oil -12 10 195 243 469 203 17.2 90 0.62 9.3 77 TBN
ISO VG 460 industrial gear oil, AGMA 7EP, U.S. Steel 224 -12 10 25.0 >254 489 480 30.4 90 0.56
I SO VG 460 cylinder oil, AGMA 7 comp. -7 19 245 280 536 460 30.5 96 0.55

Note: Engine service classifications, such as SG/CD, are defined in Table 8.



Gravity and Density. Gravity is commonly used to identify a particular oil, that is, the density of an oil at 15.6 °C (60
°F) can be calculated by using the density of water as 0.99904 g/cm® at 15.6 °C (60 °F). Water has an American
Petroleum Institute (API) gravity value of 10. Asdefined by ASTM D 287 (Ref 6), API gravity is:

R 1315
Specific gravity ' (Eql)
(156/15.6*C)

AP] gravity =

Thermal Expansion. Oil density decreases approximately linearly with increasing temperature over a considerable
range. Table 4 gives the approximate thermal expansion coefficient for mineral oils (Ref 7).

Table 4 Approximate thermal expansion of mineral oils

Density, g/cm’ at 15.6 °C (60 °F)  Expansion coefficient, 107K
0.70 115

0.75 10.2

0.80 9.1

0.85 8.0

0.90 7.1

0.95 6.3

1.00 5.6

1.05 5.0

Note: Values determined using Roelands equation VI11-9 in Ref 7

Bulk Modulus. Oil density also increases with pressure, and the change in volume is often expressed as bulk modulus
(Ref 8). This property, a measure of the resistance to oil compression, is important in the efficiency and dynamic
responses of hydraulic and other pressurized-liquid systems.

I sothermal tangent bulk modulus and isentropic bulk modulus are defined thermodynamically, respectively, as K; = -V(a
P/EV), and K = -V((IP/EIV),, where the subscript t refers to a condition of constant temperature and the subscript s refers
to entropy. However, the two secant bulk moduli are the ones usually used for engineering purposes.

The isothermal secant bulk modulusis:

Vb _ P
B‘ ) AV Ap (Eq 2)

where Vj is the volume at atmaospheric pressure; P is the gage pressure (0.1 MPa, or 1 atm, equals 0 gage pressure); AV is

the volume decrease between 0.1 MPa and P; Fis the density at P; and A is the density increase between 0.1 MPa and
P.

The isentropic secant bulk modulus, Bs, is related to the isothermal secant bulk modulus by the ratio of the specific heat at
constant pressure, C,, to that at constant volume, Cy, by the relationship:

Cr

B, = c (By) (Eq 3)

v

Wright gives graphical correlations for determining the isothermal secant bulk modulus for mineral oils as a function of
temperature and the atmospheric pressure density (Ref 8).

Color isused for lubricant identification purposes, except where staining or appearance are important. In ASTM D 1500,
color is matched with standards ranging from the lightest to the darkest, that is, ASTM color 0.5 and 8.0, respectively.



Viscosity, the degree to which a fluid resists flow, is the most important property of a lubricant, and is covered fully in
the article "Viscosity and Its Measurement” in this Volume. Viscosity relates directly to the ability of the lubricant to
separate bearing surfaces, and often correlates with other performance characteristics.

Viscosity is expressed as being either dynamic (absolute) or kinematic. The latter, measured by ASTM D 445, is
commonly utilized by lubricant suppliers and users. Kinematic viscosity is dynamic viscosity divided by density. The
conversion factors between current and previously used viscosity units are provided in ASTM D 2161.

Viscosity-Temperature Relation. The viscosity of oils depends strongly on temperature, as shown in Fig. 1. The
rate of change with temperature depends primarily on viscosity level, varying from about 0.5%/ °C for a1 mm?/s (1 cSt)
oil to about 6-10%/ °C for 10° mm?/s (10° cSt). The dependence of viscosity on temperature can be represented over a
considerable range of temperatures by the ASTM D 341 viscosity-temperature (MacCoull-Walther) equation (Ref 6):

loglog(cSt+0.7) =A-B(log T) (Eq 4)

where A and B are constants and T is absolute temperature in units of Kelvin. The constant 0.7 is valid for viscosities
ranging from 2 x 10" down to 2 m?/s (2 x 10’ to 2 cSt); the constant increases as viscosity decreases below this latter
value. Additional information regarding the ASTM equation is provided in Ref 9.
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Fig. 1 Comparison of viscosities and temperature dependence

Viscosity index (VI) is an arbitrary method of expressing the viscosity-temperature sensitivity of lubricants, in which
high numbers represent smaller changes in viscosity with temperature. Paraffinic oils have high VI numbers, whereas
naphthenic oils have low VI numbers. The VI between 0 (the poorest oilsin 1929) and 100 (the best in 1929) is given by
ANSI/ASTM D 2270 as:

_ L-U
VI = tm(L_H) (Eq5)

where L is the kinematic viscosity of a0 VI reference oil at 40 °C (105 °F) that has the same kinematic viscosity at 100
°C (212 °F) as the unknown oil a 100 °C (212 °F); H is the kinematic viscosity of a 100 VI reference oil at 40 °C (105
°F) that has the same kinematic viscosity at 100 °C (212 °F) as the unknown oil at 100 °C (212 °F); and U is the
kinematic viscosity of the unknown ail at 40 °C (105 °F).



ANSI/ASTM D 2270 tabulates reference oil viscosities and gives aformulafor calculating VI numbers over 100.

Viscosity-Pressure Relations. Pressure increases viscosity, and the effects become appreciable for mineral oils at
pressures above the order of 10 MPa (1.5 ksi). Classically, the Barus equation expressed the pressure effect

Mp = "o exp(cxP) (Eq 6)

where P equals the gage pressure, 'l » equals the dynamic viscosity at temperature t and gage pressure P, 71, equals the
dynamic viscosity at temperature t and atmospheric pressure, and «¥equals the viscosity-pressure coefficient.

The Roelands equation is a much improved representation of viscosity change with pressure (Ref 7):

log nyp + 1.200 = (log n, 5 + 1.200)

SO (Eq7)
(+)

L

where C is a constant dependent on the units of gage pressure, P (C equals 196.1 MPa, or 28.4 ksi), and Z is a constant
characteristic of the liquid under pressure.

For common nonagueous lubricants, Z generally falls between about 0.5 and 0.8. For mineral oils and other hydrocarbons
(including polymers), the following correlation quite accurately estimates Z from dynamic viscosities at 40 and 100 °C
(105 and 212 °F) (Ref 7):

Z=7.81 (Hao0 - H1000)° Fa0,0 (Eq 8)

where F4,0 equals (0.885 - 0.864 x Hyg ) and H, o equals log [log('/;0) + 1.200] at temperatures of t °C.

Elastohydrodynamic (EHD) Viscosity-Pressure Coefficient. Simplified hard (high-modulus) EHD equations
commonly use the Barus-type ¢x. For actual lubricants with pressure-dependent ¢, the appropriate value is.

TEHD = [f“ (:'::‘:') ”F} (Eq9)

Figure 2 showns (¥gp, calculated with the Roelands equation, as a function of the atmospheric pressure viscosity /.
The figure may be used to determine cxgyp for calculation purposes or, for more precise values, Table XI11-2 of Ref 7 can
be used.
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Fig. 2 Elastohydrodynamic viscosity-pressure coefficient. Source: Ref 7

Viscosity at atmospheric pressure and the EHD viscosity-pressure coefficient both strongly depend on lubricant
temperature. Hence, for engineering purposes that use simplified EHD equations, it is convenient to express almost al of
the [ubricant contribution to film thicknessin dimensionless terms as follows:

Lubricara-speed parameter = %’I (Eq 10)

where U is the mean surface velocity in the direction of motion and Ry is the effective radius in the direction of motion.

When the lubricant-speed parameter is used in place of the usual speed parameter used by theoreticians, the exponent of
their materials parameter, rrgpE' is greatly reduced (E' is the effective eastic modulus of the bearing materials). Hence,
effects on the materials parameter by common lubricants only dlightly affect calculated film thicknesses. The lubricant

portion of the lubricant-speed parameter, cxep’ly o, is SOmetimes called the lubricant parameter.

At the high pressures encountered within the load-carrying zone in hard EHD, lubricants can act as plastic solids with a
shear strength. The shear strength increases linearly with pressure according to:

Tip=Tiot -{itP (Eq 11)

where -51 is the pressure coefficient of shear strength at temperature t; 7 is the shear strength constant at temperature t
and 0 gage pressure; and T+ p is the shear strength at temperature t and gage pressure P.

Low-Temperature Flow Properties. At low temperatures, oils become too viscous to pour from a container.

Minera oils also may not pour, because they precipitate crystals of wax at low temperature. Pour point is defined by the
ASTM D 97 test.

In addition, the viscosity (that is, the shear stress per unit of shear rate) at low temperatures is commonly not independent
of shear rate or stress nor of temperature and shear history, asit is for a"Newtonian” fluid. Therefore, kinematic viscosity
(or dynamic viscosity derived from kinematic) determined at low shear rate is no longer a good predictor of how well a
lubricant will flow in sumps, pump inlets, oil passageways, and the like. Consequently, a series of testsis used to measure

lubricant flow characteristics under conditions that more closely simulate the application shear stresses and shear rates.
These methods are:



ASTM D 2983, Brookfield viscometer
ASTM D 2602, cold cranking simulator
ASTM D 4684, borderline pumping temperature of engine oil

Viscosity-Loss. Some lubricants, such as multigraded motor and gear oils, achieve their comparatively high viscosity at
elevated temperature without excessive low-temperature viscosity by means of polymeric additives called viscosity index
improvers (V1Is). VII oils are non-Newtonian in that the viscosity falls with increasing shear rate. If the shear rate is
subsequently reduced after little shearing at high shear rates, then the viscosity returns to its original value and the
difference between the low and high shear rate values is termed "temporary viscosity loss." If the oil is sheared
extensively at high rates, then mechanical breaking of polymer chains occurs and the viscosity does not return to its
original low shear rate level. The loss of low shear rate viscosity is termed "permanent viscosity loss.” The temporary
viscosity loss of lubricants that have experienced permanent loss is smaller than the temporary loss of a new lubricant.

Temporary viscosity losses typically range between 5 and 30% at the high temperatures of bearings in modern automotive
engines (for example, 150 °C, or 300 °F) and shear rates are typically 10%s. Permanent viscosity losses also commonly
fall in the 5 to 30% range.

A high-temperature, high-shear-rate viscosity of new and sheared oils that correlates with engine performance is
measured using the ASTM D 4624 capillary viscometer, the ASTM D 4683 tapered bearing simulator, and the ASTM D
4741 rotational tapered plug tests. Permanent viscosity 10ss is measured by one or both of the ASTM D 3945 methods for
shear stability of polymer-containing fluids using a diesel injector nozzle.

Ash is the mass percent of the oil that remains after combustion. It is used mostly for identification purposes in new oils,
but in some cases correlates with deposit and wear performance in engines. Ash is typically measured using the ASTM D
482 method. For unused oils with metal-containing additives, sulfated ash (ASTM D 874) indicates the concentration of
the known additive.

Volatility, the tendency to evaporate, is important in terms of fire safety in lubricant handling and use, lubricant
consumption under high-temperature and vacuum conditions, and lubricant contamination of the environment. Fire safety
is indicated by flash and fire points, which also are sometimes used for oil identification. The flash and fire points are
usually determined by the ASTM D 92 Cleveland open cup procedure.

The boiling point range of a lubricant up to 538 °C (1000 °F) is determined by the ASTM D 2887 method using
temperature-programmed gas chromatography. The evaporation tendency of lubricants is measured by the ASTM D 2715
procedure, although ASTM D 972 is the most common evaporation test used for motor ails.

Acidity and alkalinity indicate the extent of oxidation of a lubricant and its ability to neutralize acids from exterior
sources such as combustion gases. The acidity of lubricants is measured by the amount of potassium hydroxide required
for neutralization (mg KOH/g). Basicity is measured in the same units, which is the equivalent of the amount of acid
required for neutralization.

Color-indicator methods ASTM D 974 or D 3339 are suitably applied to oils containing acids or bases whose ionization
constants in water are greater than 10°. They are not suitable for many additive oils, especially those containing akaline
detergents, dispersants, or metal-containing inhibitors. For these additive ails, the potentiometric method, ASTM D 664,
can be used to determine the total acid number (TAN), strong acid number, total base number (TBN), and strong base
number. ASTM D 2896 measures the reserve alkalinity asthe TBN, using the potentiometric perchloric acid method.

Stability is discussed below in terms of oxidative and thermal characteristics.

Oxidative stability is the resistance to reaction with oxygen, a natural lubricant "aging" process. Oxidation is
undesirable because it increases lubricant viscosity, corrosivity, and deposit-forming tendencies. Oxidation is a sensitive
function of time and temperature, oxygen availability, and the presence of water and catalyst metals. It is also sensitive to
the mixing and recycling of volatile oxidation products. Oxidation-inhibiting additives can substantially increase the
useful life of lubricants, whereas some additives used for other purposes (such as some extreme-pressure additives) can
degrade life (Ref 3, 4).



Commonly used test methods are ASTM D 943, D 2272, D 2893, and D 4742. Many proprietary tests are also used. Table
5 shows approximate oxidation-limited temperature ranges as a function of time at temperature for mineral oils with and
without oxidation-inhibiting additives.

Table 5 Approximate temperature exposure limits for mineral oils

Exposure Oxidation Thermal range
time, h Not inhibited Inhibited
°C °F °C °F °C °F

1 150-170 300-340 180-193 356-380 410-435 770-815
5 130-152 266-306 163-177 325-350 392-415 738-780
10 122-144 251-290 155-170 310-338 384-407 723-765
50 102-125 216-257 138-153 280-307 365-387 689-729
100 94-118  201-244 130-147 266-297 358-379 676-714
500 74-99 165-210 113-130 235-266 339-359 642-678
1000 66-91 151-196 105-123 221-253 331-351 628-664
5000 46-73 115-163 88-107  190-225 313-331 595-628
10,000 38-65 100-150 80-100 176-212 305-323 581-613

Thermal stability is the resistance of oils to chemical breakdown in the absence of oxygen or water. It can cause
carbonaceous or gummy deposits. Thermally induced breakdown is a sensitive function of time at temperature, which, for
hydrocarbons, cannot be effectively inhibited. Additives that are used for other purposes in lubricants often are less
thermally stable than the base oil. Table 5 also shows the approximate thermally limited temperature ranges for mineral
oils.

Carbon residue, which remains after evaporation and pyrolysis, indicates the tendency for coke formation upon the
thermal decomposition of ashless oils. In the United States, it is commonly measured by the ASTM D 524 Ramsbottom
method. It can also be measured by the ASTM D 187 Conradson method.

Corrosivity is the tendency of a lubricant and its contaminants to chemically react with ferrous and nonferrous metals.
Corrosion damages bearings and other structural elements and accelerates lubricant oxidation by catalysis. It is measured
in performance tests, including many standard bench oxidation tests. Consequently, oxidation and (nonrust) corrosion
properties of a lubricant are commonly considered together. Corrosion can be reduced by additives that inhibit the
oxidation process, form protective films on surfaces, or deactivate the catalytic properties of dissolved metals.

Rust consists of hydrated iron oxides and results from agueous corrosion of ferrous metals. It can damage bearings and
interfere with the motion of close-clearance parts, such as hydraulic valves. It also sometimes can breach containment
systems and weaken parts. Rust is important because lubricants contain dissolved water and may contain liquid water. In
addition, lubricant-wetted parts often are exposed to humid air.

Rust is controlled by using additives that form protective barriers on ferrous surfaces and by reducing the water content of
lubricants. ASTM D 665 and D 3603 are commonly used to measure |ubricant rust prevention properties.

Detergency and dispersancy are properties that involve the suspension of oil-insoluble materials, in the case of the
former, and prevention of sludge and varnish formation, in the case of the latter. The insoluble materials can be oxidation
and corrosion products; reaction products of gas-phase materials, such as those that blow by piston rings; or other
materials that leak into the lubricant. Both detergency and dispersancy are provided to lubricants by means of additive
molecules that consist of insoluble-material-attracting polar groups and oil-attracting groups.

Detergents are oil-soluble salts of organic acids. The base is usually metallic, and typically contains calcium or
magnesium. Detergents often contain an excess of alkaline inorganic salts (that is, they are "overbased") that serve to
neutralize acids in either blow-by combustion gases or formed by lubricant oxidation. Dispersants are ashless organic
compounds that prevent flocculation and coagulation of colloidal particles. The performance of these additives is
typically evaluated by a variety of proprietary tests.

Foaming and air release are important properties because machine elements mix air into lubricants. Bubbles that are
stable can:



Reduce heat transfer

Interfere with lubricant flow

Cause lubricant to be expelled through vents

Accelerate oxidation, because of heat generated during compression
Produce spongy hydraulic-system performance

Foaming is controlled by very low concentrations of antifoam additives. Additives often adversely affect air release.
Foaming is measured by ASTM D 892 and other performance-type procedures.

Filterability is the ability to remove particulate matter from lubricants by passing them through porous media. Particles
of contaminants cause abrasive wear and may form deposits that interfere with lubricant flow or the motion between
parts. Filterability is affected by base ail type and viscosity, additives used for other purposes, and operating conditions. It
is determined by avariety of performance tests.

Lubricant Classification

A lubricant can be classified by its viscosity, the type of performance tests it can pass, the type of mechanism for which it
is intended, and the industry in which it is used. Lubricants are also classified as automative, aviation, marine, or
industrial lubricants. A particular lubricant generally fits a number of these classifications.

Described below are the most common lubricant categories. Specialized industrial classes, such as paper machine oils, are
not included, but can be found in Ref 1, 2, and 3.

Viscosity Grades. Table 6 shows approximate kinematic viscosity levelsat 40 °C (105 °F) for several grading systems.
The International Organization for Standardization (ISO) viscosity grades (ASTM D 2422) are the nomina kinematic
viscosities in mm?/s at 40 °C (105 °F). They cover the widest viscosity range in increments of about 1.5-fold. The
American Gear Manufacturers Association (AGMA) grades are also identified.

Table 6 Comparison of viscosity classifications

ISO AGMA Approximately equivaent
viscosity grade, number SAE class

mm’/s Engineoil Gear oil
2

3

5

7

10

15 L ...

22 e 5W .

32 L. 10W 75W
46 1 15W .

68 2 5W-30, 20-20W  80W
100 3 10W-40, 30 85w
150 4 20W-50, 40 80W-90
220 5 50 20

320 6 60 e

460 7 140
680 8 e
1000 8A 250

The Society of Automotive Engineers (SAE) grades have viscosity limits set at 100 °C (212 °F), whereas those with W
suffixes al'so have low-temperature requirements. Table 7 shows these limitations for the SAE engine oil classifications
(Ref 10). For engine oils, the W requirements enable the starting of engines at cold temperatures and the pumping of
enough oil at these temperatures to prevent engine damage.



Table 7 SAE engine oil viscosity classification (J300)

SAE Viscosity, Pa-s Borderline pumping Stable pour point  Viscosity, at 100 °C
viscosity temperature (max.)  (max.) (212 °F), mm°/s
grade °C °F °C °F Min M ax.
ow 3.259 -35 -31 . ... 3.8

5W 3.507 -30 22 -35 31 3.8

10W 3.50° -25 -13 -30 22 4.1

15W 3.50 -20 -4 . ... 5.6

20W 4509 -15 5 ... L. 5.6

25W 6.00" -10 14 . .. 9.3 ...
20 56 <9.3
30 9.3 <125
40 125 <16.3
50 16.3 <219
(a) At-30°C (-22 °F).

(b) At-25°C (-13 °F).

(©) At -20 °C (-4 °F).

(d) At-15°C (5 °F).

(e At-10°C (14 °F).

(f) At-5°C (23 °F)

Cross-graded, or multigrade, oils meet the limits of both designated grades (that is, an SAE 10W-30 oil meets the SAE
10W and SAE 30 requirements). Cross grading with mineral-based oils is achieved by using polymeric viscosity-index-
improving additives. It also can be achieved by using synthetic-based oils. Outside of the United States, minimum high-
temperature, high-shear (HTHS) viscosity (at 150 °C, or 300 °F, and 10°%s shear rate) is generally specified for the SAE
cross grades to protect against wear. Both U.S. and Japanese automobile manufacturers specify a minimum HTHS
viscosity for al grades (Ref 11).

Engine oils meet different levels of performance requirements of the American Petroleum Institute (API); the Comité
Des Constructeure D'Automobiles Du Marché Commun (CCMC), which is now the Association des Constructeurs
Europeens D'Automobiles (ACEA) in Europe; the U.S. military in the United States and Europe; and U.S., European, and
Japanese engine builders.

Some premium products meet most of the major requirements of all of these groups. High-quality products generally
contain detergent, dispersant, wear inhibitor, friction modifier, oxidation inhibitor, corrosion inhibitor, rust inhibitor, pour
depressant, and foam inhibitor additives.

Table 8 gives the current API classifications (arrived at through participation of APlI, ASTM, and SAE) for gasoline
engines, some light-duty diesel engines (S categories), and diesel engines (C categories). There is aso an energy-
conserving classification. Table 9 shows the engine tests required for the most severe API classifications. Some low-cost
oils in the marketplace only meet obsolete classifications, such as SA and SB, which correspond, respectively, to straight
mineral oils and oils with modest oxidation and corrosion inhibition (which also can inhibit wear).



Table 8 APl engine service classifications

S categories

SE Satisfies 1972 U.S. warranty conditions for gasoline engine lubricants. Improved protection against oxidation, high-temperature
deposits, rust, and corrosion

SF Satisfies 1980 U.S. warranty conditions for gasoline engine lubricants. Additives against high- and low-temperature deposits,
wear, and corrosion. Improved oxidation stability and antiwear over SE

SG Satisfies 1989 U.S. warranty reguirements for gasoline engine lubricants and meets CC category requirements. Improved
antiwear, cleanliness, and antithickening over SF

C categories

CC  Lightly supercharged diesel engines and certain heavy-duty gasoline engines. Additives against high- and low-temperature
deposits, rust, and corrosion

CD Satisfies requirements of supercharged diesel engines, even with high-sulfur fuels. Additives against high-temperature deposits,
wear, Corrosion

CD-  Severe-duty service of supercharged two-stroke engines. Satisfies CD requirements and a supercharged two-stroke multicylinder

1 engine test

CE Service typical of turbocharged or supercharged heavy-duty diesel engines manufactured since 1983 and operated under both low-
speed, high-load and high-speed, high-load conditions

CF-  Service in high-speed four-stroke-cycle diesel engines, particularly for on-highway heavy-duty truck operations. Exceeds CE

4 requirements and designed to replace CE oils. May be used in place of CD and CC oils. Provides improved control of oil
consumption and piston deposits

Table 9 Engine tests for API classification

Gasoline engines

CRC L-38 (CLR engine): Bearing corrosion, oxidation, shear stability

ASTM sequence | 1D (1977 Oldsmobile V-8 engine): L ow temperature, rust, corrosion
ASTM sequence | l1E (1987 Buick V-6 engine): High temperature, wear, and oil thickening
ASTM sequence VE (Ford 4): L ow temper ature, sludge, varnish, and wear

ASTM sequence VI (1982 Buick V-6 engine): Fuel economy

Diesel engines

CRC L-38: Bearing corrosion, oxidation, shear stability

Caterpillar 1K: Piston deposits

Detroit diesel 6V-92TA (two-stroke engine): Piston deposits, ring and valve distress
Mack T-6: Ring wear, piston deposits, and oil consumption

Mack T-7: Diesel soot dispersion and viscosity increase contr ol

Cummins NT C-400: Piston deposits, bore polishing, and camshaft roller pin wear

Two-cycle oils are used when the [ubricant is supplied as a solution in the gasoline fuel or is directly injected in modern
engines. Such two-cycle engines are common in boats, snowmobiles, chain saws, lawnmowers, and motorcycles. The oils
prevent cylinder wall damage without producing spark plug fouling, surface ignition, or exhaust port plugging. They also
provide good rust, corrosion, wear, ring sticking, and varnish protection.

The lubricants are available with diluents to facilitate mixing with gasoline at fuel-to-oil ratios that commonly range
between 16 and 100. The engine manufacturer recommends the ratio to be used. Oils are certified by the National Marine
Manufacturers Association (NMMA).

Railroad diesel oils are generally either SAE 40 grade or 20W-40 multigrade oils. Typically, they are of APl CD
quality, but are free of zinc to protect the silver bushingsin railroad engines. They have relatively high TBNs to neutralize
fuel sulfur acids.

Gas engine oils resist oxidation and nitro-oxidation and are used in engines that burn natural gas or liquified petroleum
gas (LPG). They usually are low-ash dispersant-containing oils. However, higher-ash oils are used to neutralize sulfur
acids when burning high-sulfur fuels.

Transmission and torque-converter fluids are intended to:

Transmit power in torque converters and oil-wet clutch packs
Lubricate the gears, pumps, and splines of transmissions



Dissipate heat

They have excellent viscosity-temperature characteristics, oxidation resistance, wear prevention, well-controlled dynamic
and static friction characteristics, and foam resistance. They also show good seal compatibility. Automatic transmission
fluids (ATFs) are classified as Dexron |1, Mercon, or Ford type F on the basis of auto manufacturer performance testing.
The most common torque fluid classes are Allison C-3, Allison C-4, or Daimler-Benz 236.6.

Gear oil performance classifications range from straight mineral oils to oils compounded with a fatty oiliness additive
(for worm gears) or with extreme-pressure (EP) additives (for hypoid gears). Table 10 shows the SAE J308b
recommended practice, which coversthe API classifications for automotive axles and manual transmissions (Ref 10).

Table 10 API system of lubricant service designations for automotive manual transmissions and axles

API-GL-1 Spiral bevel and worm gear axles and some transmissions under mild service
API-GL-2 Worm gear axles not satisfied by API-GL-1

API-GL-3 Manual transmissions and spiral-bevel axles under moderately severe service
API-GL-4 Hypoid gearsin normal severe service without severe shock loading

API-GL-5 Hypoid gearsin severest service, including shock loading

AGMA classifications for industrial gearing cover a similar range, with rust and oxidation (R& O), compounded, and EP
types. The R& O type provides oxidation and corrosion inhibition and is used for lightly loaded spur and helical gears.
The compounded type, with a few percent fatty additive, is for worm gears, whereas the EP type is for hypoid gears and
heavily loaded and low-speed spur and helical gears.

Automotive gear oils often have higher EP performance and lower pour points than industrial gear oils. Industrial gear
oils often have superior resistance to oxidation and rusting.

API-GL-5 lubricants commonly are qualified under U.S. military specification MIL-L-2105C and, sometimes, under
MIL-L-2105D and Mack Truck GO-H. Some API-GL-5 lubricants aso provide satisfactory limited-dip differential
performance. AGMA EP-type lubricants often meet the U.S. Steel 224 requirement. Open gear lubricants typically
contain tackiness additives and may be diluted with solvent for ease of application.

Multiuse lubricants for gears, hydraulic systems, and wet clutches and brakes are commonly used in tractors and other
agricultural equipment. These typically meet the performance requirements of one or more manufacturers.

Hydraulic oils are primarily classified in terms of either normal or low flammability. Normal-flammability oils are
hydrocarbon based, and range from noninhibited to R& O to antiwear oils. Some are VI improved and others have
lubricity additives to prevent friction-induced vibration or noise (that is, stick-dip). Paraffinic mineral oils are most
commonly used, but, when low pour points are needed, naphthenic oils are used. Sometimes, synthetic hydrocarbon oils
can be used for their low pour point and wide liquid range.

Viscosities at operating temperature and at cold-start temperature are the most important properties (Ref 12). The oils
usually are R&O inhibited and sometimes are pour-point depressed. Antiwear, antifoam, and detergent/dispersant
additives may be used. Good water separability and filterability are aso important properties. High bulk modulus and low
gas solubility are desirable for high-pressure systems. Antiwear hydraulic oils protect vane, gear, and certain types of
piston pumps.

Fire-resistant oils primarily are phosphoric acid esters. Fire-resistant water-miscible fluids include oil-in-water emulsions,
water-in-oil emulsions, solutions of chemicals in water, and water solutions of viscosity-increasing polymeric additives
(Ref 12). High-water-based fluids (>90% water) provide good heat transfer, are easily disposable, and the non-oil-
containing types are nonflammable in situations where the water cannot be evaporated. However, they are temperature
limited, may cause rusting, and require special equipment.

Turbine oils, when premium, have excellent oxidation resistance and water-separation properties. They also have good
air separation and rust protection. They use highly refined base oils, mostly paraffinic, but some are naphthenic. Synthetic



hydrocarbon-based fluids are also available for applications requiring exceptional VI and broad liquid ranges. These dils
are used for steam turbines, heavy-duty gas turbines, hydraulic systems, and air compressors. They typically satisfy a
wide variety of original equipment manufacturer (OEM) and military specifications, as well as meet the AGMA R&O-
type gear oil requirements.

Marine steam turbine oils with antiwear additives protect heavily loaded reduction gearing connected to the turbines.
These lubricants, otherwise, are premium turbine oils. Phosphate ester lubricants are also used in heavy-duty gas turbines,
where their fire resistance is needed.

Aircraft gas turbines are lubricated with synthetic oils that have excellent oxidation and thermal stability. Stationary gas
turbines can be lubricated with synthetic or highly stable mineral turbine oils. The lubricants have excellent resistance to
deposit formation; good protection against bearing and gear pitting fatigue, as well as corrosion; and good gear |oad-
carrying capacity.

Engine manufacturer and government specifications define the aircraft gas turbine lubricants in three classes. They are
often referred to as 3, 5, and 7.5 mm?/s oils (viscosity at 100 °C, or 212 °F).

Compressor lubricants must be compatible with the gases being compressed, must lubricate, and, in some cases, must
seal. The higher the pressure (and, thus, temperature), the greater the tendency of the lubricant to react with the
compressed gas and to coke. Reduction in lubricant viscosity by solution of the compressed gas in the lubricant is also a
possible compatibility concern (for example, hydrocarbon compression). For air compressors, fire and explosion in the
pressurized space and deposit formation are the main concerns. For steam and other wet gas compression, lubricant
displacement of water from lubricated surfaces isimportant.

Mineral compressor oils are usually formulated for other purposes. Premium R&O oils are used for most types of
compressors, whereas motor oils are sometimes used for reciprocating trunk-type compressors. Antiwear hydraulic ails,
motor oils, or automatic transmission fluids may be required for vane and rotary screw compressors. Cylinder oils used in
cross-head compressors can be compounded for wet conditions. Synthetic hydrocarbon-based oils with excellent
oxidation stability and good deposit resistance are increasingly used for high-speed, high-temperature compressors.
Diester-based oils also are being utilized increasingly for rotary screw compressors.

Refrigerator oils must lubricate the compressor, be thermally stable at compression temperatures (to the order of 160
°C, or 320 °F), be compatible with the refrigerant, and flow at the lowest evaporator temperature (Ref 13). Minera oil
lubricants must be refined to remove the components that can precipitate or react with the refrigerant. Oil entrained in
compressed gas is carried through the refrigerant system and must be returned from the evaporator. Thus, miscibility
between the oil and refrigerant is important for lubrication and sealing performance. Environmentally safer refrigerants,
such as R-134A, require synthetic oils, such as the polyglycol type for miscibility at operating temperatures.

A special test for refrigerator oilsis the floc point at which a cooled solution of oil in refrigerant type 12 becomes cloudy,
because of precipitate formation. To prevent ice precipitation in refrigerators, oils need to be very dry. The stability of
refrigerator oils is typically determined by the amount of deposit formed from a mixture of oil and refrigerant after
exposure to metals found in refrigerant systems at elevated temperature (for example, 175 °C, or 350 °F).

Circulation oils are used in systems where ail is circulated to many individual bearings in order to remove large
guantities of heat and contaminants. Because good water and air separation, along with good oxidation and rust
protection, are often required, R&O oils are most often used. In some applications, straight mineral oils may be
satisfactory, whereas other applications may require antiwear protection.

Misting oils are used in mist and fog lubrication systems. They contain polymeric additives to control droplet size so
that the oil coalesces on the lubricated part and does not escape as mist.

Health, Safety, and Environment

Lubricant manufacturers are required by law to provide a material safety data sheet (MSDS) for every lubricant in order
to satisfy the hazard communication standard of the Occupational Safety and Health Administration (Ref 14). Lubricant
suppliers can aso furnish information on relevant environmental regulations and laws. However, it is the responsibility of
the lubricant user to become familiar with the information and to comply with pertinent regulations. Lubricant
manufacturers can provide telephone numbers for medical, safety, transportation, and other emergency assistance.



Toxicity is the ability, upon exposure to a substance, to harm human, animal, or plant life. For lubricants, the usual
concern is the effects on humans. Generally, unused lubricants are not highly toxic when exposure occurs through the
skin. However, more-toxic contaminants can be accumulated over a period of use. The most common short-term (acute)
effect is contact dermatitis, which is a particular problem with cutting oils (which are not otherwise covered in this
article). Long-term (chronic) effects, as evaluated by animal tests, indicate carcinogenicity for oils that have not been
processed severely enough by solvent extraction or hydrogen treating.

Safety. A MSDS will list the toxic properties in terms of LDsy's (the doses, in mass, of toxic substance per mass of
animal that will be toxic to 50% of the animals tested). The prevention of toxic effects on humans requires the avoidance
of lubricant contact, including breathing of vapor or mist. Oil-impervious clothing and boots are useful in some
circumstances. Thorough washing should follow any personal contact.

The MSDS also lists properties such as flash and fire points. Explosion and fire avoidance measures should be considered
whenever alubricant either becomes hot enough to approach its flash point during normal use or can accidentally contact
aflame or hot part, such as when an ail line breaks and sprays oil on an engine exhaust manifold. Flash and fire points
can be substantially lowered by lubricant use that provides the opportunity to absorb volatile materials such as gasoline,
diesel fuel, or solvents. When alubricant must be used near or above its flash point, the lubricant/oxidant mixture must be
kept either too lean or too rich to burn. It is good practice to read and understand the precautionary labels on a lubricant
container, aswell asthe MSDS.

Environmental protection requires elimination of lubricant escape to air, water, or land. This entails careful storage
and handling of both new and used lubricants, lubrication procedures, equipment maintenance (especially seals, gaskets,
valves, and fittings), and disposal of used lubricants. It also entails avoidance of accidental release, measures that
minimize the impact of arelease that does occur, and plans to remediate any impact.

Lubricant disposal is costly and subject to evolving federal, state, and local regulations. Improper disposal is a potentially
expensive future liability. Consequently, the minimization of used or leaked lubricant disposal is commonly cost effective
(Ref 15). Used lubricant minimization involves engineering to reduce aging and other contamination of the oil, system
maintenance, and periodic oil testing to determine used oil condition.

When analysis indicates that a lubricant is no longer suitable for service, it can often be reconditioned for further use,
either on-site or off-site, by a contract recycler. Such recycling commonly involves water removal by gravity, centrifuge,
coalescer, or vacuum evaporation, and fine-particle filtration. It also may involve clay treatment and possible additive
refortification. Portable water removal and filtration units are often used at sites that have a number of |ubricant systems.

Disposal is required for lubricants that can no longer be reconditioned. Over half of the used oil in the United States is
utilized as fuel. It can be burned in industrial furnaces if contaminant concentrations do not exceed the limits for arsenic
(<5 parts per million by mass, or ppmm), cadmium (<2 ppmm), chromium (<10 ppmm), lead (<100 ppmm), and total
hal ogens (<4000 ppmm); if the flash point is at least 37.8 °C (100 °F) (Ref 16); and if it does not contain toxic substances.
About one-third of the used oil is dumped and small percentages are rerefined, used for other industrial uses, or used for
road oiling.

In view of the changing regulations and potentia liabilities, good written records should document the source of the waste
oil and its subsequent handling (storage, transportation, and disposal). An anaysis of the used ail is desirable, and a
retained sample also may prove useful in establishing that the oil was not contaminated. The generator of the used oil
should contract with awaste oil hauler who carries adequate insurance and has a licensed treatment, storage, and disposal
facility that complies with all federal and state regulations.

Methods of Lubricant Application

The lubricant application method plays a vital role in how the lubricant functions. The quantity of lubricant, its
temperature, and its cleanliness are as important to bearing system performance as the selection of the proper lubricant.

Methods of providing lubricant to a bearing range from periodic manual application with a traditional oil squirt can to
continuous automatic metering from a circulating oil system supplying an entire machine or group of machines (Ref 1, 2,
5). The appropriate method should supply the proper quantity of oil at a correct rate. Considerations that are involved in
selection are whether the supply needs to be continuous, its adaptability to changed operating conditions, and the
reliability of the method. Reliability considerations include the human factors and the effects of factors such as



temperature, sump level, and oil contamination on the quantity of oil delivered. In addition, the economics of the method
and its convenience, safety, and environmental compatibility need to be considered.

Manual Application. The oil squirt can, a sprayer, or a brush is often satisfactory for machine elements used only
occasionally, for low-speed lightly loaded bearings, or for inexpensive or rough machinery, such as wire rope, chains, or
open gears. The ailing is intermitted and depends on periodic human action to supply the proper lubricant quality and
guantity.

Drop oilers provide lubricant one drop at atime. Gravity-fed systems are common, and shut-off can be either manual or
automatic. They are most economical to use when there are relatively few easily accessible lubrication points. Oiling is
intermittent, and the oilers usually need to be manually resupplied periodically.

Splash lubrication is provided automatically and continuously to an enclosed mechanism by immersing the lower
portion of arotating or vertically reciprocating part in an oil sump.

Oil Carrier. The salf-acting arrangements that can be used to carry oil from areservoir to a bearing are described below.

Wick and Pad. A fibrous material carries oil by capillary action. Wicks can clog with an accumulation of oail
contaminants. Pads of fibrous or otherwise open-pored materials that are filled with oil and are in contact with a bearing
can also be used to apply lubricant. Accumulation of dirt, wear particles, and lubricant degradation products limit pad life.

Oil rings or chains are used for horizontal bearings with rotating shafts. They rest on the shaft and rotate with it,
because of friction. The lower part dipsinto oil in a sump below the bearing and automatically drags oil by viscous forces
as the oil-wet lower part rotates to the top of the shaft. The chain oiler has greater |ubricant-carrying capacity than aring
oiler, but islimited to lower speeds by centrifugal action and churning drag.

An oil collar acts similarly to an oil ring, but is fixed to the shaft. It carries oil from the sump and the ail is displaced
from the outer portions of the collar to the shaft by means of scrapers.

Pressurized Feed. Pumping lubricant directly to individual bearings provides positive oil feed to each. It is easily
made automatic and is readily adaptable to recirculation of the supplied oil for filtration, temperature control, and other
purposes. Usually, multiple bearings on a machine or mill are lubricated by the same ail-circulating system.

Pressurized feed circulating systems have the disadvantage of being initially expensive. However, their ability to provide
dependable continuous flow of conditioned oil makes them attractive for applications involving heavy-duty expensive
bearings.

Mist lubrication is provided by a mist of oil droplets in air that impinge on bearings. These once-through systems
consist of an oil mist generator, plumbing, and droplet-sized reclassification nozzles. They can be designed to deliver oil
automatically to many bearings spread over distances up to about 100 m (330 ft). Mist lubrication reduces energy losses
that result from excess lubricant in bearings.

These systems commonly cost less initially than pressure-fed circulating systems. Although they are very dependable, the
escape of stray mist into surrounding air can be an environmental problem, and deposition of oil degradation products can
progressively clog mist fittings. Mist systems cannot remove an appreciable amount of heat from a bearing, compared
with a pressure-fed circulating system.
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Lubrication Regimes

Herbert S. Cheng, Northwestern University

Introduction

WHEN TWO SURFACES are in contact with each other, the load is carried by many high points, or asperities, on the
surfaces. During dliding, the total tangential force required to shear these asperity junctions is usually high, causing
unacceptable friction, wear, and surface damage. To reduce the frictional force and thus allow easier diding, alubricant is
deliberately introduced to separate the asperities either totally or partially.

The use of liquid or gas lubricants is known as fluid-film lubrication. Thick-film [ubrication refers to the total separation
of asperities by a lubricant film thickness many times larger than the size of the lubricant molecules. If this condition
exists only partially--that is, if part of the load is carried by the fluid pressure and the rest is borne by contacting asperities
separated by a molecularly thin lubricant film--the term thin-film lubrication or sometimes mixed lubrication is used. In
the most severe form of thin-film lubrication, the entire load is carried by asperities lubricated by surface films of
molecularly thin liquids, gases, or solids; this condition is known as boundary lubrication. The exclusive use of solid
lubricantsis called solid lubrication.

The lubrication between two diding surfaces can shift from one of the three regimes--thick-film, thin-film, or boundary
lubrication--to another, depending on the load, speed, lubricant viscosity, contact geometry, and surface roughness of both
surfaces. This dependence was first recognized in 1902 by Stribeck, who observed the variation of the dliding friction

with a lubrication parameter /N/p, where lis the lubricant viscosity, N is the angular velocity of the cylindrical contact,
and p is the average contact pressure. Figure 1 shows a typical Stribeck curve. At the right sides, where the friction
increases slightly with the lubrication parameter, [ubrication isin the thick-film regime; at the far left, where the frictionis
nearly constant, lubrication is in the boundary regime. In the middle, lubrication is in the mixed-mode, or thin-film
regime. The boundaries of these regimes would move to the right if the surfaces became rougher and to the left if they

became smoother. In addition to the variables 7/, N, and p, other parameters related to the study of Iubrication regimes are
defined in Table 1.



Table 1 Nomenclature for calculating regimes of lubrication

Symbol  Definition Comments
G Dimensionless material
parameter
G Limiting shear modulus
ho Inlet film thickness
Nimin Minimum film thickness S
h* Asperity  film thickness or Thickness of the oil film drawn into the asperity contact by microelastohydrodynamics;
microelastohydrodynamic  film  also referred to as the micro-EHL film thickness. First line of defense against diding failure
thickness in mixed lubrication
E Average lubricant film thickness  Measure of the effectiveness of hydrodynamic lubrication. Depends on the speed, viscosity,
pressure-viscosity exponents, contact radii, and the orientation of the roughness lays with
respect to the entraining velocity. Theories in mixed lubrication are reasonably well
developed (Ref 1, 2) to predict has affected by the surface roughness height and lay
orientation.
N Angular velocity of cylindrical
contact
P Pocket pressure in hydrostatic
bearing
p* Local asperity contact pressure Represents the maximum contact pressure above the surrounding fluid pressure at each
asperity contact. Its value depends on the height and the slope of asperities. Because the
height and the slope are random functions, p* is aso a random function. The distribution of
p* controls the asperity shear stress and asperity contact temperature.
iz Average (bulk) hydrodynamic From the elastohydrodynamic action, the lubricant pressure is generated within the Hertzian
pressure conjunction. For thick-film elastohydrodynamic lubrication, the distribution of pressureisa
smooth function. However, for thin-film EHL, the pressure distribution is not smooth and
contains fluctuations at the asperity contacts. Fcan be used as the average lubricant
pressure, which varies from point to point within the Hertzian conjunction but ignores the
local pressure fluctuations around the asperities. The average lubricant pressure in
concentrated contacts can be predicted by lubrication analysis for rough surfaces (Ref 3).
ﬁa Average (bulk) asperity contact At the asperity contacts, the local pressure is intensified due to asperity deformation. These
pressure asperity contact pressures can be average out over a small area within the Hertzian
conjunction to form a smooth function for the average contact pressure, F,. The average
asperity contact pressure in concentrated lubricated contacts can be predicted from Patir and
Cheng's analysis (Ref 3) based on the load and compliance relation developed by
Greenwood and Tripp (Ref 4).
R Radius of equivalent cylinder S
T Average (bulk) surface  Average surface temperature rise generated by the fluid shearing and the sliding asperities
° temperature rise
Ts Local asperity contact Indicates the temperature rise above the surrounding surface temperature at each dliding
temperaturerise asperity. It isaso arandom function.
U Dimensionless speed parameter
W Dimensionless |oad parameter
¥ Pressure viscosity coefficient
i Lubricant viscosity
1, Ambient viscosity of [ubricant
) Angle of bite
A Film thickness parameter
T Workpiece flow strength
T Limiting shear stress
T* Local asperity contact shear Representsthe maximum shear stress at a sliding asperity above the surrounding fluid shear
stress stress
T Average lubricant shear stress Represents the average shear stress in shearing the thin lubricant film within the Hertzian
conjunction




Friction coafficiant  —

[ viscosity i Vocityl] /Load —e=

Fig. 1 Plot of friction coefficient, Hversus [(viscosity) (velocity)]/load, (/;U)/P, to show range of the three
regimes of lubrication. Regime 1, boundary lubrication; regime 2, thin-film lubrication; regime 3, thick-film
lubrication

Thick-Film Lubrication

A thick lubricant film can be generated by the tangential and normal relative motion between two surfaces. This mode is
known as hydrodynamic lubrication. The effectiveness of such lubrication depends directly on relative speed and
lubricant viscosity. For very slow contacts, athick film is not likely to develop unless an externally pressurized lubricant
isintroduced into the lubricant film. This type of lubrication is known as hydrostatic lubrication.

For highly loaded contacts, elastic deformation of the surfaces can redistribute and broaden the contact area and lubricant
pressure, thus greatly increasing the load capacity and lubricant film thickness compared with those generated by rigid
contacts. Such thick-film lubrication resulting from the surface flattening effects of elastic deformation is known as
elastohydrodynamic lubrication (EHL). In many metalforming operations, athick lubricant film can also be formed at the
interface between the rigid die surface and the plastically deformed surface of the workpiece. This mode of thick-film
lubrication is often referred to as plastohydrodynamic lubrication (PHL).

Hydrodynamic Lubrication

When fluid lubricant is present between two rolling and/or diding surfaces, a thick pressurized film can be generated by
the surface velocities to reduce friction and wear. This mode of lubrication is commonly called hydrodynamic lubrication.
Hydrodynamic film thickness can be formed by wedging the lubricant through a convergent gap with the tangential
surface velocities, known as wedging film action, or by sgueezing the lubricant out of the contact area with the relative
normal velocity between the contacting surfaces, known as squeeze film action.

Wedging Film Action. In a converging hydrodynamic slider (Fig. 2), the thicker film at the inlet section can transport
more lubricant than the thinner film at the exit section. Because the flow in an infinitely wide sider must be constant
throughout the entire section, the lubricant pressure must rise at the inlet section to impede the flow and decrease at the
exit section to enhance the flow, as shown in the pressure profile in Fig. 2. The pressure generated in such a converging
gap represents the basic wedging film action in hydrodynamic lubrication.
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Fig. 2 Wedging film action in a hydrodynamic slider. (a) Velocity profiles at inlet and exit regions of wedge-
shaped load. (b) Pressure distribution beneath wedge

Wedging film action takes place not only in flat dliders but aso in curved sliders, between cylindrical surfaces such as
journal bearings and lubricated rollers, and in spherical surfaces such as ball joints and ball bearings. In these cases, the
gap profile may contain a divergent section in the exit section. Under such conditions, the pressure may terminate not at
the end of the exit section but rather somewhere in the divergent section because of cavitation.

Squeeze Film Action. For aflat dider with a perfectly paralel gap, hydrodynamic pressure will not be generated by
the wedging action. However, if the slider moves downward at a velocity normal to the surface, lubricant pressure will be
generated by squeezing out the lubricant at both edges. For a parallel film, a parabolic pressure profile will be generated

(Fig. 3).
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Fig. 3 Squeeze film action in a hydrodynamic slider. (a) Equal velocity profiles generated at each end of a flat
slider that moves downward due to a squeeze velocity directed normal to the slider surface. (b) Pressure
distribution beneath flat slider

For bearings operating under dynamic loads or reciprocating motion, squeeze film action can develop along with wedging
action. The pressuregenerated by the squeeze action can become significant and often provides an effective damping
component for stabilizing high-speed rotor-bearing systems.

Lubricant film thickness is important in hydrodynamic lubrication for designing against possible solid-to-solid
contact. It isusually determined from solutions of the flow continuity equation, which calcul ates the lubricant pressure for
aknown film thickness. Charts and computer software are available for determining the lubricant film thickness for many
common bearing geometrical configurations. Lubricant film thickness increases with the sum of the two surface
velocities, lubricant viscosity, and bearing size, and decreases with |oad.

Figure 4 shows the Raimondi-Boyd design chart (Ref 5) for determining the minimum film thickness and eccentricity
ratio for a 360° journal bearing. Design chart parameters are defined in Table 2. The effects of journal speed, viscosity,
load, and the clearance-to-radius ratio are combined in a dimensionless Sommerfeld number, S. Charts for calculating
minimum film thickness for other types of journal bearings can be found in Ref 5. The minimum film thicknesses for
dliders used for thrust bearings can be cal culated using methods outlined by Arnell et al. (Ref 6).



Table 2 Nomenclature for Raimondi-Boyd design chart in Fig. 4
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'y Radial clearance of bearing
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Fig. 4 Raimondi-Boyd design chart used to obtain the minimum film thickness and eccentricity ratio for a 360°
hydrodynamic journal bearing. See Table 2 for definition of parameters.

Thermal Effects. Temperature significantly affects hydrodynamic lubrication by reducing lubricant viscosity and film
thickness. For this reason, lubricants with a high thermal stability that yields a lower reduction in viscosity at elevated
temperatures are generally preferred.

Determinations of lubricant film thickness that fully account for thermal effects require very complex analyses and
lengthy computations. In most cases, hydrodynamic bearing lubrication designs including thermal effects can be based on
an effective viscosity derived from a gross heat balance analysis and a film thickness calculated using isothermal analysis.
These methods are described in Ref 5 and 6.

High-Speed Effects. For hydrodynamic bearings operating at high speeds, isothermal and gross heat balance analyses
may not be sufficiently accurate for determining the regime of lubrication. Instead, a full thermal analysis for calculating
the lubricant film thicknessis usually required.



An increase in lubricant temperature reduces viscosity and yields a film thickness lower than that given by isothermal
analysis. Because the reduction in viscosity is higher than the reduction in film thickness, friction normally decreases
slightly when lubricant temperature is increased at high speeds.

In addition to the thermal effects, lubricant flow may become turbulent at high speeds because of the reduction in
viscosity. The turbulence increases the flow resistance and the effective viscosity. This in turn generates a higher friction,
ahigher film temperature, and a slightly larger film thickness.

In many high-speed steam turbine compressor pumps, the fluid-film bearings operate in the regime where thermal and
turbulence effects are both significant. To ensure that operation lies in the regime of full-film hydrodynamic lubrication,
thermal hydrodynamic analysis using an effective turbulent viscosity, such as that contributed by Satar and Szeri (Ref 7)
is often needed to determine an accurate film thickness.

Dynamic Loads. In many hydrodynamic bearings, the load is not steady. It changes because of variable externa
loading, such as the gas load during the firing cycle of a combustion engine or the unbalanced inertia forces of a high-
Speed rotor or reciprocating piston. In such cases, the lubricant film thickness is also unsteady and fluctuates periodically
in response to the imposed periodic load. The ratio of the minimum film thickness to roughness in the fluctuating cycle
calculated by transient film analysis indicates whether the bearing is operating in the full or partial hydrodynamic regime.

Transient film analysis includes both the wedging and squeeze film actions. The squeeze film action provides a cushion at
the peak load and generally yields a larger minimum film thickness than the static analysis, which neglects the squeeze
film action. Typical examples of dynamically loaded bearings include the main bearings and camshaft bearings in
combustion engines and high-speed turbine bearings supporting dynamic loads caused by rotor unbalances.

Reciprocating Motion. In reciprocating sliders and oscillatory journal bearings, the cyclic sliding velocity also causes
the film thickness to be cyclic, thus producing a squeeze film action. Typica examples include piston rings, piston skirts,
and wrist pin bearings. In these cases, the minimum film thickness occurs at or near the top or bottom dead center of the
reciprocating motion and can be determined by transient film analysis.

Hydrostatic Lubrication

If the surface velocities are insufficient to generate a thick film in hydrodynamic lubrication, hydrostatic |ubrication,
which uses an externally pressurized lubricant to generate a thick film, is often employed. Hydrostatic bearings are
generally used in very low-speed applications such as machine tool guideways and radar antenna supporting bearings, in
extremely low-friction devices such as instrument bearings, in cases of low-viscosity lubrication such as water and air
bearings and in such applications as lifting a heavy rotor during startup and suppressing the rotor bearing instability in
high-speed hybrid (that is, hydrodynamic and hydrostatic bearings).

Figure 5 shows the basic configuration of a hydrostatic bearings. The externally pressurized lubricant isfirst fed through a
restrictor into a central pocket and then leaks through the bearing area to the outside. The pressure in the pocket (p;), the
film thickness across the bearing area (h), and the lubricant flow depend on the bearing load. For a heavy load, the pocket
pressure approaches the supply pressure, yielding a very small flow and thin film thickness. For a light load, the pocket
pressure becomes small, producing a high flow and a large gap.
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Fig. 5 Schematic showing key parameters that determine operation of a hydrostatic bearing. Nomenclature: ps,
supply pressure; p,, recess pressure; hg, film thickness; b, bearing pocket diameter; f bearing load thickness

Variations of load, flow, and stiffness with the lubricant film thickness of a hydrostatic bearing differ, depending on the
types of restrictors used in the bearing. Figure 6 presents typical curves that show differences between the dimensionless
loads, flows, and stiffnesses for orifice and laminar restrictors. Table 3 defines the terms used in Fig. 6. These curves can
be used as a guide for selecting arestrictor geometry that will yield a film thickness satisfying the following requirements:

The film must be sufficiently thick to avoid asperity contact

Combined frictional and pumping loss must be low

L eakage rate must be less than the maximum tolerable

Stiffness must be high to prevent alarge excursion of film thickness under fluctuating loading

Table 3 Nomenclature for hydrostatic bearings with orifice or capillary restrictor as plotted in Fig. 6
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Fig. 6 Selected properties of hydrostatic bearings, which incorporate an orifice or a capillary restrictor, as a
function of average lubricant film thickness. (a) Load capacity. (b) Flow rate. (c) Stiffness. Orifice parameters: r

= 0.586 at = 1.0. Capillary parameters: r = 0.500 at h=1.0
Elastohydrodynamic Lubrication

When lubricant pressure causes eastic deformation of the surfaces that is on the same order as the lubricant film
thickness, the influence of deformation on lubrication performance becomes a significant parameter. Contacts operating
under this condition are in the regime of elastohydrodynamic lubrication.

A majority of lubricated contacts, such as rolling bearings and gear teeth, have surface deformation comparable to or
exceeding the lubricant film thickness. Therefore, EHL is extremely important in determining friction and wear in many
mechanical components. Characteristics of EHL in the thick-film regime are reasonably well und<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>